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Original Research Article 

Effects of atmosphere and post catalyst on pyrolysis characteristics of 
Pingshuo bituminous coal 
Huaixiang Li, Mengxiang Fang*, Tong Lv, Jiqing Yan, Zhixiang Xia, Jianmeng Cen 

State Key Laboratory of Clean Energy Utilization, Zhejiang University, Hangzhou 310027, China. E-mail: 
mxfang@zju.edu.cn 

ABSTRACT 
In order to lighten the tar from coal pyrolysis, the effects of N2, CH4 and H2 atmosphere on the pyrolysis 

characteristics of Pingshuo bituminous coal were investigated in a small fluidized bed, and Ni-based catalyst 
was placed downstream of coal pyrolysis to catalyze the upgrading of tar. The results show that both H2 and 
CH4 atmosphere can improve the conversion of coal pyrolysis and improve the yield of pyrolysis tar. Com-
pared with CH4 atmosphere, the post placed Ni-based catalyst in CH4 atmosphere can increase the tar 
yield by 10%, increase the gas yield and H2 yield, and transform the pyrolysis tar to the light direction. 
Through simulated distillation and GC-MS analysis, compared with N2 atmosphere, CH4, H2 atmosphere and 
CH4 + Ni increased the relative contents of naphtha, phenol oil, naphthalene oil, wash oil and anthracene oil, 
and the increase showed that CH4 + Ni > H2 > CH4, while the asphalt content decreased. Compared with CH4, 
the relative contents of aromatic hydrocarbons and aliphatic hydrocarbons increased significantly under CH4 
+ Ni. 
Keywords: Pyrolysis; Tar Lightening; Fluidized Bed; Post Catalyst 
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1. Introduction 
Poly-generation technology based on pyrolysis can obtain high 

value-added products such as semi-coke, gas and tar[1], which can not 
only alleviate the environmental problems caused by energy utilization 
from the source, but also create higher energy economic benefits. In 
recent years, researchers at home and abroad have paid extensive atten-
tion to the effects of atmosphere and catalyst on coal pyrolysis charac-
teristics. Gao et al.[2] studied coal hydropyrolysis in a falling fixed bed 
at atmospheric pressure, the results show that the yield of tar from hy-
drotreating at 800 ℃ is 30% higher than that in N2 atmosphere. Hy-
drotreating can promote the lightening of tar. Chen[3] studied the hydro-
pyrolysis of lignite in a fixed bed. The results show that with the 
increase of H2 concentration, the yield of tar increases monotonously, 
and the aromatic hydrocarbons and phenolic compounds in tar also in-
crease[4]. However, the high cost of H2 restricts the development of hy-
dro pyrolysis[5,6], CH4 with high hydrogen carbon ratio and relatively 
low cost will replace H2 in coal pyrolysis technology[4]. Coal pyrolysis 
in fixed bed CH4 atmosphere shows CH4 atmosphere is equivalent to 
inert atmosphere at low temperature which has little effect on the yield 
of tar. Yan[7] found that the tar yield can be improved under the low 
temperature of small fluidized bed CH4, and the tar yield will be fllui- 
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dized bed CH4, and the tar yield will be further im-
proved under the high temperature due to the free 
radicals and hydrogen produced by the decomposi-
tion of methane. CH4 can improve the yield of 
tar, but the effect is limited. The catalytic activation 
of methane to improve the yield of tar has been 
widely concerned. The influence of different cata-
lyst and catalyst arrangement on tar yield was in-
vestigated in fixed bed by Zhao[8]. It was found that 
Mo/HZSM-5 and Ni/Al2O3 could increase tar at 
600 ℃ by 17.5%, and the content of light compo-
nents in tar is more than 90%. Wang et al.[9] im-
proved tar yield by combining in-situ catalytic 
cracking of coal pyrolysis tar with methane in a 
fixed bed, and the average molecular weight of tar 
decreased. Compared with 5% Co/Al2O3 and 5% 
Fe/Al2O3, 5% Ni/Al2O3 obtained light tar with 
higher content and yield. Li[10] found that adding 
pre-Mo/HZSM-5 in CH4 atmosphere can greatly 
improve the tar yield, and the pre-catalyst has better 
effect than the mixing of coal and catalyst. Yan[7] 

found that the addition of Ni-based catalyst under 
CH4 + N2 atmosphere increased the tar yield at 
600 ℃ by 40% and the aromatic hydrocarbons 
content by 16% compared with no catalyst added. 

Based on the above research results, CH4, H2 
atmosphere and catalyst can effectively improve the 

yield and quality of coal pyrolysis tar, and the sep-
aration of coal and catalyst is better. However, 
nowadays, most of the catalytic activation of me-
thane is carried out in fixed bed, and less research is 
involved in small fluidized bed which is closer to 
industrial application. Therefore, this study investi-
gated the effects of N2, CH4 and H2 atmosphere on 
the pyrolysis characteristics of Pingshuo bituminous 
coal in a small fluidized bed, and placed Ni-based 
catalyst on the downstream of coal pyrolysis to 
achieve the goal of catalytic upgrading of coal py-
rolysis gas-phase tar before condensation. 

2. Experimental part 
2.1 Preparation of coal sample and catalyst 

Shanxi Pingshuo bituminous coal was selected 
as the experimental coal, and the raw coal was 
crushed and screened to obtain a particle size of 
1.25–2 mm coal samples. Before the experiment, 
the coal sample was dried in a blast drying oven at 
105 ℃ for 6 hours, sealed and stored for use. The 
fluidizing medium of fluidized bed is 0.25–0.35 
mm quartz sand. See Table 1 for industrial analysis 
and elemental analysis of experimental coal sam-
ples.

Table 1. Industrial analysis and elemental analysis of Pingshuo bituminous coal  
Industrial analysis wad/% Elemental analysis wad/% 
M A V FC C H N S O* 
1.20 39.08 25.31 34.41 42.49 2.16 0.94 2.47 11.66 

*Obtained by subtraction 

The catalyst Ni/Al2O3 is prepared by equal 
volume impregnation[11]. It is impregnated with Ni 
(NO3)2·6H2O salt solution for 12 hours, dried at 
105 ℃ for 6 hours, roasted at 550 ℃ for 6 hours, 
sealed and stored for later use after reduction, and 
the Ni load is 5% (mass fraction). 

2.2 Experimental method 
The small-scale fluidized bed pyrolysis ex-

perimental system used in the experiment is shown 
in Figure 1. The experimental system is mainly 
composed of a gas supply system, a preheating sec-
tion, a reaction section, a heat preservation section 
(catalyst placement section), and a product collec-

tion device. The inner diameter of the preheating 
section is 20 mm, and the length is 3.5 m, the inner 
diameter of the reaction section is 50 mm, and the 
length is 1.2 m, heated by silicon carbide rods ar-
ranged uniformly and graded, the temperature can 
reach 1,000 ℃, and the insulation section is heat-
ed by resistance wire. The liquid collection device 
is composed of two-stage serial serpentine tubes 
(placed in a constant temperature and low tempera-
ture tank at -10 ℃), filters and three-stage parallel 
glass fiber filter cartridges to ensure complete col-
lection of tar and water. 
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Figure 1. Experimental system of small fluidized bed pyrolysis. 

1–mass flowmeter; 2–preheating section; 3–upper hopper; 4–cyclone separator; 5–catalyst; 6–liquid collection device; 7–air bag; 8–air 
pump; 9–horizontal section; 10–lower hopper; 11–reaction section; 12–screw feeder. 

Before the experiment, 550 g quartz sand was 
fed from the upper hopper as bed material. Set the 
heating program and wait for the fluidized bed fur-
nace body to rise temperature, during which a small 
amount of N2 is introduced to ensure safe operation. 
When the temperature of the reaction section rises 
to the pyrolysis temperature, adjust the fluidization 
gas volume to 25 L/min. The fluidization gas is N2, 
and the mixed volume ratio is 60% N2 + 40% CH4 
and 60% N2 + 40% H2. When the atmosphere is 
completely replaced with the pyrolysis atmosphere 
set in the experiment, slowly feed 30 g of coal sam-
ple from the upper hopper, immediately open 120 L 
aluminum foil air bag to collect the gas. The pyrol-
ysis tar and water are fully condensed through the 
liquid collection device, and the pyrolysis time is 3 
min. After the reaction, open the lower hopper to 
collect the semi-coke and bed material, remove the 
hopper and seal it for storage to prevent the 
high-temperature oxidation of the semi-coke. After 
it is naturally cooled to room temperature, sieved to 
obtain the quality of the semi-coke. The tar and wa-
ter are washed repeatedly with analytical pure ace-
tone solution, and sealed and stored after filtering 
the fly ash. The quality of tar and water is ob-
tained by the subtraction method from the quality of 
the liquid collection device before and after the re-
action. The post catalyst is placed behind the cy-
clone separator, the temperature of the catalytic sec-
tion is set to 500 ℃, and the amount of catalyst is 

12 g. 

2.3 Calculation, measurement and analysis 
of pyrolysis product yield 

The water content of the tar was measured 
with ZDJ-2S card type micro moisture tester to 
calculate the mass of water and tar. The volume of 
pyrolysis gas is obtained according to the differ-
ence between the measured volume of gas meter 
and the volume of carrier gas. The yield of pyroly-
sis products is calculated by the following formula: 

𝑌𝑌char =
𝑊𝑊char −𝑊𝑊 × 𝐴𝐴
𝑊𝑊 × (1 − 𝐴𝐴 −𝑀𝑀)

× 100% 

(1) 

𝑌𝑌𝑡𝑡𝑡𝑡𝑡𝑡 =
𝑊𝑊𝑡𝑡𝑡𝑡𝑡𝑡

𝑊𝑊 × (1 − 𝐴𝐴 −𝑀𝑀)
× 100% 

(2) 

𝑌𝑌𝑤𝑤𝑡𝑡𝑡𝑡𝑤𝑤𝑡𝑡 =
𝑊𝑊𝑤𝑤𝑡𝑡𝑡𝑡𝑤𝑤𝑡𝑡 −𝑊𝑊 × 𝑀𝑀
𝑊𝑊 × (1 − 𝐴𝐴 −𝑀𝑀)

× 100% 

(3) 

𝑌𝑌𝑔𝑔𝑡𝑡𝑔𝑔 =
𝑉𝑉𝑔𝑔𝑡𝑡𝑔𝑔

𝑊𝑊 × (1 − 𝐴𝐴 −𝑀𝑀)
× 100% 

(4) 

In the equation: Ychar, Ytar, Ywater and Ygas 
are the yields of semi-coke, tar, water and gas 
respectively (calculated on dry ash free basis); 
Wchar, Wtar and Wwater are the quality of 
semi-coke, tar and water respectively; Vgas is 
the volume of gas; W is the quality of pyrolysis 
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coal; A and M are the ash and moisture content 
of coal sample (calculated on air drying basis). 

The gas components are detected by Ag-
ilent 7890A, and standard gas is used for cali-
bration before detection. The gas components 
CH4, C2–C3 (the sum of C2H4, C2H6, C3H6 and 
C3H8), CO, CO2 and H2 were obtained and the 
yield of the above components are calculated. 

After the moisture content of the tar solu-
tion is measured, the excess anhydrous sodium 
sulfate is used to remove the moisture, and then 
the tar sample is obtained by distillation with a 
rotary distiller for 6 hours. The distillation 
temperature is 62 ℃ and the rotating speed is 
20 r/min. The tar components are analyzed by 
GC-MS with GC/MS-QP2010SE. The tar sam-
ple is diluted to 5% with analytical pure 
CH2Cl2 and then injected. The temperature of 
the injection port is 300 ℃. The chromato-
graphic column model is SH-Rxi-5Sil MS and 
its specification is 30 m × 0.25 mm × 0.25 μm. 
GC temperature rise procedure: column tem-
perature was kept at 60 ℃, maintained for 2 
min; then raise the temperature to 180 ℃ at the 
heating rate of 4 ℃/min for 2 minutes, and fi-
nally raise the temperature to 300 ℃ at the 
heating rate of 10 ℃/min for 10 minutes. The 
tar fraction is obtained by simulated distillation 
of gas chromatography Agilent 7890A, and the 
specification of packed column is 1/8 inch × 
0.5 m, the tar sample is diluted to 5% with an-
alytical pure CS2 and then injected. The tem-
perature rise procedure of GC is: the initial 
temperature is 35 ℃ and maintained at 35 ℃ 
for 0.5 min; rise to 350 ℃ at the heating rate of 
10 ℃/min for 1 min, then rise to 400 ℃ at the 
heating rate of 5 ℃/min for 10 min. During 
determination, H2 (40 mL/min) and air (400 
mL/min) are combustion gas and N2 (25 
ml/min) is carrier gas. 

3. Results and discussion 
In this paper, the pyrolysis product yield, gas 

component yield, tar component and fraction dis-
tribution characteristics of Pingshuo bituminous 
coal under different pyrolysis temperatures (500 ℃, 

600 ℃, 700 ℃, 800 ℃), different pyrolysis atmos-
pheres (N2, 60% N2 + 40% CH4, 60% N2 + 40% H2, 
abbreviated as N2, CH4, H2 for convenience) and 
post catalyst Ni/Al2O3 were investigated in a small 
fluidized bed. 

3.1 Effect of atmosphere on the yield of coal 
pyrolysis products 

Figure 2 shows the yield law of coal pyrolysis 
products under different pyrolysis atmospheres and 
different pyrolysis temperatures. The mass recovery 
of each experiment is more than 94%, and the ex-
periment has good repeatability. 

Figure 2(a) shows the effects of different at-
mospheres on the yield of semi-coke from coal flu-
idized bed pyrolysis. Under the three atmospheres, 
the yield of coal pyrolysis semi-coke decreased 
gradually with the increase of pyrolysis temperature. 
Compared with N2 atmosphere, the yield of 
semi-coke in H2 atmosphere decreases, and the 
trend is basically the same as that in N2 atmosphere. 
In the process of coal pyrolysis, the activated hy-
drogen free radicals provided by the H2 atmosphere 
combine with the fragment free radicals generat-
ed by the breakage of chemical bonds in the coal, 
reducing the degree of polycondensation between 
fragments., which effectively improves the coal 
pyrolysis conversion and promotes the release of 
volatile matter. Compared with N2, CH4 atmosphere 
reduces the yield of semi-coke in the low tempera-
ture section lower than 600 ℃, indicating that CH4 
atmosphere promotes the coal pyrolysis reaction at 
low temperature. However, the degree of CH4 at-
mosphere promoting coal pyrolysis at low temper-
ature is not as good as that of H2 atmosphere, which 
indicates that the nature of CH4 at low temperature 
is relatively stable and the amount of activated free 
radicals provided is small. While in the high tem-
perature section above 700 ℃, the CH4 atmosphere 
increases the yield of semi-coke. Because there are 
two competitive reactions of CH4 atmosphere on 
coal pyrolysis: on the one hand, the free radicals 
generated by CH4 decomposition stabilize the mo-
lecular fragments generated by coal pyrolysis and 
inhibit the polycondensation reaction of fragments, 
so as to improve the conversion of coal; on the oth-
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er hand, decomposition of methane occurs at high 
temperature CH4 → C + 2H2, and the pyrolysis 
carbon deposition leads to an increase in the 
semi-coke yield, while inhibiting the precipitation 

of volatiles in the semi-coke. This confirmed that 
the increase in pyrolysis semi-coke yield at high 
temperature is mainly caused by the carbon deposi-
tion of methane cracking at high temperature. 

 

 
Figure 2. Yield of coal pyrolysis products under different atmospheres.

Figure 2(b) shows the effects of different at-
mospheres on the yield of tar from coal fluid-
ized bed pyrolysis. It can be seen that the yield of 
pyrolysis tar first increases and then decreases with 
the increase of pyrolysis temperature in N2 and H2 
atmosphere, and reaches the maximum at 600 ℃. 
Under CH4 atmosphere, the tar below 700 ℃ meets 
the trend of first increasing and then decreasing, 
while the tar yield is higher than 700 ℃ at 800 ℃. 
This is related to the previous H2 production from 
methane cracking at high temperature. CH4 crack-
ing at 800 ℃ produces a large amount of H2, so the 
tar yield is further improved compared with 700 ℃. 
Compared with N2 atmosphere, CH4 and H2 atmos-
phere can promote the increase of tar yield, and the 
promotion effect of H2 is more obvious. This is be-
cause these two gases produce a large number of 
free radicals, which stabilize the macromolecular 

groups produced by coal pyrolysis, and H2 atmos-
phere has a stronger ability to provide hydrogen 
free radicals. 

Figure 2(c) shows the effect of different at-
mospheres on the yield of pyrolysis water in fluid-
ized bed. Under the three atmospheres, the yield of 
pyrolysis water increases gradually with the in-
crease of pyrolysis temperature, and the increasing 
trend in the high temperature section slows down. 
This is because more hydrogen radicals are pro-
duced at high temperature and the probability of 
reacting with O increases. Compared with N2 at-
mosphere, H2 atmosphere and CH4 atmosphere 
promote the formation of pyrolysis water, and the 
yield of water in H2 atmosphere is higher. This 
is because hydrogen free radicals combine with hy-
droxyl groups produced by coal pyrolysis to pro-
duce water. The number of hydrogen free radicals is 
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the largest in H2 atmosphere, so the yield of aquatic 
products is the highest. 

Figure 2(d) shows the effects of different at-
mospheres on the yield of coal pyrolysis gas in coal 
fluidized bed. Under the three atmospheres, the gas 
yield increases gradually with the increase of py-
rolysis temperature. This is because at high temper-
ature, the organic matter in coal decomposes more 
completely and the gas is released more thoroughly. 
The effect of pyrolysis temperature on gas yield is 
more significant than pyrolysis atmosphere. Com-
pared with N2 atmosphere, the gas yield in H2 at-
mosphere is increased. Under CH4 atmosphere, the 
increase of gas yield in low temperature section is 
not obvious, because CH4 atmosphere is inert in 
low temperature section. The increase of gas yield 
in high temperature section is significant, which is 
mutually confirmed by the decomposition of me-
thane to produce hydrogen at high temperature. 

3.2 Effect of atmosphere on the yield of gas 
components 

Figure 3 shows the effect of atmosphere on 
the yield of each component of pyrolysis gas in coal 
fluidized bed. Because the carrier gas flow required 
for fluidization in this experiment is much larger 
than the amount of gas generated by pyrolysis, con-
sidering the metering error, this paper will no longer 
investigate the gas yield in the pyrolysis gas with 
the same composition as the carrier gas. As can be 
seen from Figures 3(a)–3(e), with the increase of 
pyrolysis temperature, the yields of various gases 
produced by pyrolysis in different atmospheres 
show an increasing trend. 

It can be seen from Figure 3(a) that H2 at-
mosphere can significantly promote the formation 
of CH4 during coal pyrolysis. The formation of CH4 
mainly comes from the bond breaking of alkyl 
compounds during pyrolysis[14]. The hydrogen rad-
icals provided by H2 atmosphere can effectively 
stabilize the side chain groups such as methyl and 
methylene separated from the macromolecular net-
work of coal, so as to promote the formation of CH4. 
In the figure, when H2 atmosphere increases 
from 700 ℃ to 800 ℃, the small decrease of CH4 
yield is the result of the increase of CH4 cracking 

rate at high temperature. 
Figure 3(b) shows that compared with N2 at-

mosphere, CH4 and H2 atmosphere are conducive to 
the formation of C2–C3 gas. At high temperature, 
free radicals such as methyl and methylene pro-
duced by coal pyrolysis can be combined with free 
radicals provided by CH4 or H2 atmosphere to form 
stable small molecular hydrocarbons[15]. At low 
temperature, CH4 and H2 have similar promoting 
effects on the release of C2–C3. At high temperature, 
the ability of CH4 atmosphere to produce living free 
radicals gradually increases, and the yield of C2–C3 
is slightly higher than that of H2 atmosphere. 

Figure 3(c) and Figure 3(d) show the changes 
of CO and CO2 yields under different atmospheres, 
respectively. In the process of coal pyrolysis, the 
production of CO comes from the decomposition of 
carbonyl group, CH3O-, phenolic hydroxyl and ox-
ygen-containing heterocycles, while CO2 mainly 
comes from the decomposition of carboxyl, esters 
and inorganic carbonates[16]. It can be seen that the 
increase of temperature will promote the decompo-
sition of these functional groups and make the pre-
cipitation of CO and CO2 more thorough. The ex-
istence of activated free radicals in pyrolysis 
atmosphere can also promote the bond breaking of 
functional groups and the formation of stable com-
pounds. The yield of CO in H2 atmosphere is higher 
than that in N2 atmosphere, the yield of CO2 is low-
er than that in N2 atmosphere, because the occur-
rence of reaction H2 + CO2 → H2O + CO promotes 
the conversion of CO2 to CO, resulting in a more 
significant increase in the yield of CO. CH4 atmos-
phere at 600 ℃ and below has little effect on the 
yield of CO and CO2 in pyrolysis gas; the precipita-
tion of CO2 was slightly inhibited above 700 ℃, 
while the yield of CO was between N2 and H2 at-
mosphere. It can be inferred that the activation and 
decomposition of CH4 is mainly above 700 ℃, 
while the CH4 gas itself in the low temperature sec-
tion has no obvious effect on the reaction of func-
tional groups in coal. 

Figure 3(e) shows the variation of H2 yield 
with pyrolysis temperature in N2 and CH4 atmos-
phere. Dehydropolycondensation of aromatic struc-
ture in coal under N2 atmosphere is the main source 
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of H2 in pyrolysis gas[17]. With the increase of py-
rolysis temperature, the H2 yield increases gradually 
and slowly. Compared with N2 atmosphere, H2 yield 
in CH4 atmosphere increased significantly with 

temperature. At 700 ℃ and above, the high temper-
ature decomposition of CH4 in the carrier gas be-
comes the main source of H2.

 

 

 
Figure 3. Yield of pyrolysis gas components under different atmospheres.

3.3 Effect of post catalyst on the yield of py-
rolysis products 

Figure 4 shows the effect of post catalyst 
Ni/Al2O3 on the yield of pyrolysis products. Figure 
4(a) shows that under the action of post catalyst 
Ni/Al2O3, the yield of semi-coke is lower than that 
without catalyst. Figures 4(b)–4(d) show that the 

post Ni-based catalyst redistributes the gas-liquid 
products of coal pyrolysis. Under the condition of 
no catalyst, the yield increases by 600%, especially 
under the condition of no catalyst. The yield of 
aquatic products decreased and the yield of gas in-
creased. The redistribution of the above product 
yields is attributed to the good catalytic effect of Ni 
catalyst on CH4

[18]. Due to the existence of Ni based 
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catalyst, CH4 atmosphere will produce more active 
radicals such as methyl, methylene and hydrogen 
radicals. These radicals will recombine the pyroly-
sis products after contacting with the volatile sub-

stances of coal pyrolysis, increasing the yield of tar 
and gas. As a result, coal pyrolysis is carried out 
more in the direction of volatilization analysis, re-
sulting in a decrease in the yield of semi-coke.

 

 

Figure 4. Effect of post catalyst on the yield of pyrolysis products. 

Figure 5 shows the effect of post catalyst on 
H2 yield. The results showed that Ni-based catalyst 
promoted H2 precipitation at various pyrolysis 
temperatures, especially at 600 ℃ and 800 ℃. 
At 700 ℃, Ni-based catalyst has no obvious effect 
on H2 yield. 

 
Figure 5. The effect of post catalyst on H2 yield. 

3.4 Influence of atmosphere and post cata-
lyst on tar 

Samples obtained under various working con-
ditions shall be analyzed with simulated distillation 
and GC-MS. Tar samples of N2, CH4, H2 and CH4 + 
Ni at 600 ℃ were analyzed as representative data. 
According to ASTM D2887 method, tar is divided 
into naphtha with a boiling point of lower than 
170 ℃, phenol oil with a boiling point of 170–
210 ℃, wash oil with a boiling point of 210–230 ℃, 
naphthalene oil with a boiling point of 230–300 ℃, 
anthracene oil with a boiling point of 300–360 ℃ 
and asphalt with a boiling point of more than 
360 ℃. 

Figure 6(a) shows that compared with N2 at-
mosphere, CH4, H2 and CH4 + Ni all make the sim-
ulated distillation curve of tar move to the low 
temperature zone, and the moving range is CH4 + 
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Ni > H2 > CH4. This shows that the tar is trans-
forming to the direction of lightening under CH4 
and H2 atmosphere, and the component content of 
light tar is higher in CH4 + Ni atmosphere. The 
yield of tar with boiling point lower than 360 ℃ is 
as follows: CH4 + Ni > H2 > CH4 > N2. The yield of 
oil with boiling point lower than 360 ℃ under CH4 
+ Ni is 14.3% higher than that under CH4. Figure 

6(b) shows the effects of atmosphere and catalyst 
on tar fraction. It is found that compared with N2 
atmosphere, the contents of light oil, phenol oil, 
naphthalene oil, wash oil and anthracene oil under 
the conditions of CH4, H2 and CH4 + Ni are in-
creased, and the increase amount shows that CH4 + 
Ni > H2 > CH4, while the asphalt content decreases.

 

 
Figure 6. Effects of atmosphere and post-catalyst on tar simulated distillation curve (a) and tar fraction (b).

Table 2 shows the GC-MS analysis of pyroly-
sis tar at 600 ℃. It can be seen from Table 2 that 
there are more aromatic hydrocarbons in tar under 
N2 atmosphere, with a relative content of 48.14%, 
followed by aliphatic hydrocarbons and phenols, 
while the content of oxygen-containing 
non-phenolic aromatic hydrocarbons is relatively 
small. Compared with N2 atmosphere, the relative 
content of aromatic hydrocarbons in tar in CH4 and 
H2 atmosphere is lower, while the relative content 
of aliphatic hydrocarbons increases, which indicates 
that aromatic hydrocarbons are transformed into 
aliphatic hydrocarbons in reducing atmosphere, be-
cause some aromatic hydrocarbons will be con-
verted into aliphatic hydrocarbons by addition reac-
tion under the action of hydrogen free radicals. 
Compared with CH4 atmosphere, the addition of 

post Ni-based catalyst in CH4 atmosphere will 
greatly increase the relative contents of aromatic 
hydrocarbons and aliphatic hydrocarbons, while the 
phenolic substances will be greatly reduced. This 
is because CH4 produces a large number of methyl, 
methylene and hydrogen free radicals under the ac-
tion of Ni-based catalyst, which react when con-
tacting with gas-phase tar, so that some phenolic 
substances are reduced to aromatic hydrocarbons. 
At the same time, under the action of Ni-based cat-
alyst, aliphatic hydrocarbons also broke, resulting in 
a further increase in the relative content of aliphatic 
hydrocarbons. Compared with N2 atmosphere, the 
relative content of heteroatom compounds in tar 
under the conditions of CH4, H2 and CH4 + Ni is 
reduced, indicating that CH4 and H2 atmosphere can 
remove heteroatoms to a certain extent.

Table 2. GC-MS analysis of pyrolysis tar at 600 ℃ 
Atmosphere Relative content % 

Aromatic hy-
drocarbons 

Phenols Oxygenated 
non-phenolic 
aromatic 

Aliphatic hydro-
carbons 

Alcohols, ke-
tones, ethers, 
acids 

Heteroatom 
compounds 

N2 48.14 16.39 6.87 19.35 0.81 8.43 
CH4 38.95 29.27 4.22 22.29 0.79 4.48 
H2 45.70 17.68 2.90 25.36 0.54 7.82 
CH4 + Ni 46.50 14.44 3.38 27.37 1.78 6.52 
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4. Conclusion 
(1) Compared with N2 atmosphere, both CH4 

and H2 can improve the conversion of coal pyroly-
sis, and the promotion effect of H2 is more obvious. 
H2 reduces the yield of semi-coke while improves 
the yield of tar, water and gas. The effect of CH4 on 
the four products is basically the same as that of 
H2, but CH4 will decompose at high temperature, 
resulting in an increase in the yield of semi-coke at 
high temperature compared with N2 atmosphere. 

(2) H2 atmosphere can obviously promote the 
formation of CH4. Compared with N2 atmos-
phere, both CH4 and H2 atmosphere are conducive 
to the formation of C2–C3. H2 atmosphere increases 
the yield of CO and reduces the yield of CO2. The 
yield of H2 in CH4 atmosphere is higher. 

(3) Compared with CH4 atmosphere, the addi-
tion of post Ni-based catalyst in CH4 atmosphere 
increases the tar yield by 10%, the gas yield and the 
H2 yield is increased, and the tar is transformed to 
the direction of lightening. Compared with N2, CH4, 
H2 and CH4 + Ni increased the relative contents of 
light oil, phenol oil, naphthalene oil, wash oil and 
anthracene oil, and the increase showed that CH4 + 
Ni > H2 > CH4, while the asphalt content decreased. 
Compared with CH4, CH4 + Ni greatly increases the 
relative content of aromatic hydrocarbons and ali-
phatic hydrocarbons in tar. 
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ABSTRACT 
Taking a demonstration project of a ground source heat pump system under karst geological conditions in Guilin as 

the research object, based on the measured data under operating conditions in a typical season, and sorted according to 
the importance of influencing factors, this paper mainly studies the influence of system at very low load rate and unit 
load rate on the operation effect of ground source heat pump system. The research results show that the ground source 
heat pump system is in good operating condition when the system load rate is lower than 30.00% and the unit load rate 
is higher than 80.00% in typical seasons, and the proportion of power consumption of units and pumps meets the energy 
consumption requirements of transmission and distribution system. During the operation of the heat pump unit in July, 
the average refrigeration performance coefficient of the unit is 4.48, and the average refrigeration energy efficiency ra-
tio of the system is 3.59; during the operation in January, the average heating performance coefficient of the unit is 4.26, 
and the average heating energy efficiency ratio of the system is 3.32; the energy saving rate in summer and winter is 
30.72% and 35.93%, respectively. The energy-saving effect of the ground source heat pump system is remarkable, and 
it is worth popularizing and applying in Guilin. 
Keywords: Ground Source Heat Pump System; System Load Rate; Unit Performance Coefficient; System Energy Effi-
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1. Introduction 
With the development of green buildings and zero energy con-

sumption buildings and the implementation of energy conservation and 
emission reduction policies, building energy conservation has become 
an issue to be considered in the whole life cycle of building planning, 
design, construction, delivery, operation and so on. The energy con-
sumption of air conditioning system accounts for 30% to 70% of 
the building energy consumption. Therefore, solving the energy con-
sumption of air conditioning system to a large extent solves the problem 
of building energy conservation. Ground source heat pump technology 
takes advantage of the fact that the soil temperature in summer is lower 
than the outdoor air temperature, and the soil temperature in winter is 
higher than the outdoor air temperature. As a natural renewable cold 
and heat source, it has the advantages of high efficiency and energy 
saving, clean and environmental protection, and low operating cost[1], 
which can well solve the energy problem of the air conditioning system.  

mailto:zengzhaotian@163.com
mailto:zengzhaotian@163.com
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Guilin is an area hot in summer and cold in 
winter with abundant rainfall, which is mostly con-
centrated in spring and summer. It is also a typical 
carbonate karst area with rich groundwater re-
sources[2], which lays a foundation for the devel-
opment and application of shallow geothermal en-
ergy. The ground source heat pump air conditioning 
system has been widely used in practical engineer-
ing projects. Guilin has also actively responded to 
the call for energy conservation and emission re-
duction policies and has built a certain scale of 
ground source heat pump air conditioning hot water 
application projects, such as the ground source heat 
pump system of the entrepreneurial mansion of-
fice building, the ground source heat pump system 
of Huayu residence community, the ground source 
heat pump system of public buildings of Guilin 
Grand Theater, Guilin Museum, Guangxi Guilin 
Library, and auxiliary facilities cultural square, etc. 
Most of the actual ground source heat pump pro-
jects in Guilin are basically under extremely low 
load or test conditions 2 ~ 3a before the system op-
eration, while there are few studies on the actual 
operation performance, cost-effectiveness ratio, and 
investment payback period of the ground source 
heat pump system in karst areas. Most of them 
are based on the impact of different operation 
modes of the experimental platform[3,4], groundwa-
ter seepage[5], different underground pipe parti-
tions[6], and unbalanced cooling and heating load 
rates[7] on the heat transfer performance of the un-
derground pipe. Li et al.[8] and Wang et al.[9] studied 
the operation performance analysis of ground 
source heat pump and solar composite system under 
the energy utilization optimization strategy. Yan, Hu, 
Li, et al.[10], and Yan, Hu, Peng, et al.[11] studied the 
energy efficiency evaluation of 39 ground source 
heat pump demonstration projects in Wuhan and 
compared and analyzed the performance prediction 
of ground source heat pump systems based on actu-
al monitoring geothermal data using a variety of 
data mining methods, Huang and Liu[12] applied 
random forest model to analyze the factors affecting 

the operation performance of geothermal system. 
These research results do not meet the geothermal 
application of Guilin because of the geological con-
ditions or system load rate operation conditions 
unable to meet the use requirements in the literature. 
Therefore, this paper studies the actual power con-
sumption, operating energy efficiency ratio, energy 
saving rate, etc. under low load rate conditions in 
karst areas from the measured operation data of 
ground source heat pump system, providing empir-
ical data reference for subsequent geothermal ap-
plication projects. 

2. Project overview 
The ground source heat pump project is locat-

ed in the Guilin geothermal application demonstra-
tion project which is hot in summer and cold in 
winter, with a total construction area of 105,965 m2, 
including 9,500 m2 of the Grand Theater, 32,475 m2 
of the library, and 34,195 m2 of the museum. The 
designed total cooling load of the system is 9,980.3 
kW, the total heating load is 6,197.6 kW, and the 
domestic hot water load is 300.0 kW. The dry bulb 
temperature of the air conditioner in summer is 
34.20 ℃, the wet bulb temperature is 27.30 ℃, and 
the dry bulb temperature of the air conditioner in 
winter is 1.10 ℃. The temperature of chilled water 
under refrigeration conditions in summer 
is 7.00/12.00 ℃, and the temperature of hot water 
under teating conditions in winter is 50.00/45.00 ℃. 
According to the “Technical code for ground-source 
heat pump system” GB 50366-2009[13], the design 
conditions in winter are selected to determine the 
number of buried pipe heat exchange wells. There is 
a total of 852 wells with a depth of 100 m, and the 
vertically buried pipes are made of double 
U-shaped PE pipes. The distance between the ver-
tical shafts is 5 m, and the buried pipe groups are 
arranged in the outdoor green belt and under the 
road according to the function of the building. 

Considering the air conditioning end load and 
simultaneous use coefficient, the parameters of air 
conditioning cold and heat source heat pump unit 
and water system equipment are shown in Table 1.
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Table 1. Equipment parameters for air conditioning systems 
Equipment name Quantity/set Parameter 

Ground source heat pump unit 27 Refrigerating capacity 258.0 kW 

Heating capacity 299.0 kW 

Ground source heat pump unit (waste 
heat recovery type) 

10 Refrigerating capacity 258.0 kW 

Heating capacity 299.0 kW 

Ground source side circulating pump 3 Sets (2 for use and 1 for standby) Flow 620.00 m3/h 

Lift 35.0 m 

Circulating pump on user’s side 5 Sets (4 for use and 1 for standby) Flow 480.00 m3/h 

Lift 32.0 m 

Hot water circulating pump 2 Sets (1 for use and 1 for standby) Flow 76.20 m3/h 

Lift 12.8 m 

 
Under the design conditions of the Guilin geo-

thermal application project, in summer (June to 
September), the buried pipe heat exchange system 
is used as the main cold source of the air condition-
ing system, and 37 ground source heat pump units + 
cooling tower auxiliary air conditioning systems are 
operated to make domestic hot water from the re-
covered waste heat; in winter (January to March 
and December), the buried pipe heat exchange sys-
tem is used as the heat source of the air condition-
ing system, and 20 ground source heat pump units 
are operated, of which 5 heat pump units are waste 
heat recovery type, and the recovered waste heat is 
used to produce domestic hot water; in the transi-
tional season (April, May, October, and November), 
start five waste heat recovery ground source heat 
pump units, set them to the hot water priority mode, 
and use the recovered waste heat to produce domes-
tic hot water. 

3. Operation performance analysis 
method 

After the completion of the construction of the 
ground source heat pump system project, because 
the library and museum have not been settled in 
the building, only some offices, conference rooms, 
and theatres (non-scheduled) have been used for a 
long time, so the ground source heat pump project 
has been operating under extremely low load rate 
for the first 2 ~ 3a. This paper will analyze the op-
erating performance of the ground source heat 
pump system under a low load rate, and the calcula-
tion method of each parameter is: 

Average refrigerating (heating) capacity during 
the test period: 

𝑊𝑊 = 𝑞𝑞𝑞𝑞𝑐𝑐𝑝𝑝𝜌𝜌∆𝑡𝑡/3600 
(1) 

Where: Δt is the average temperature differ-
ence between supply and return water at the user 
side of the heat pump unit, ℃; cp is the specific 
constant pressure heat capacity of water supply and 
return, J/(kg·K); ρ is the density of water, kg/m3; qv 
is the average flow of supply and return water at the 
user side of the heat pump unit, m3/s. 

Load rate: 
𝑅𝑅 = 𝑊𝑊/𝑊𝑊0 

(2) 

Where: R is the load rate; W0 is the refrigerat-
ing (heating) capacity under the design working 
condition, kW·h. 

Refrigeration energy efficiency ratio of heat 
pump unit: 

𝐶𝐶𝐶𝐶𝐶𝐶 = 𝑊𝑊/𝑊𝑊𝚤𝚤��� 
(3) 

Where: the calculation formula of energy effi-
ciency ratio of heat pump unit W is the average re-
frigerating (heating) capacity of the unit during the 
test period; 𝑊𝑊𝑖𝑖 is the average power consumption 
of heat pump unit during the test period, kW·h. 

Heat efficiency ratio of heat pump unit: 
𝐸𝐸𝐸𝐸𝑅𝑅 = 𝑊𝑊/𝑊𝑊𝚤𝚤��� 

(4) 

Accumulated refrigerating (heating) capacity 
during system test: 
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�𝑊𝑊 = �𝑊𝑊𝑖𝑖

𝑛𝑛

𝑖𝑖=1

∆𝑡𝑡 

(5) 

Where: iW  is the refrigerating (heating) ca-
pacity of the heat pump system in the ith period, 
kW·h. 

Refrigerating (heating) capacity of the heat 
pump system in the ith period: 

𝑊𝑊𝑖𝑖 =
𝑞𝑞𝑞𝑞𝑖𝑖𝜌𝜌𝑖𝑖𝑐𝑐𝑖𝑖∆𝑡𝑡𝑖𝑖

3 600
 

(6) 

Refrigeration energy efficiency ratio of heat 
pump system: 

𝐶𝐶𝐶𝐶𝐶𝐶𝑠𝑠𝑠𝑠𝑠𝑠 =
∑𝑊𝑊

∑𝑊𝑊𝑖𝑖 + ∑𝑊𝑊𝑗𝑗
 

(7) 

Where: ∑𝑊𝑊𝑖𝑖  and ∑𝑊𝑊𝑗𝑗  are the cumulative 
power consumption of all heat pump units and 
pumps during the system test, kW·h. 

Heat efficiency ratio of heat pump system: 

𝐸𝐸𝐸𝐸𝑅𝑅𝑠𝑠𝑠𝑠𝑠𝑠 =
∑𝑊𝑊

∑𝑊𝑊𝑖𝑖 + ∑𝑊𝑊𝑗𝑗
 

(8) 

4. Analysis of operation results 
Select July in summer and January in winter as 

typical seasons to analyze the operation perfor-
mance. Under low load rate conditions, in order to 
meet the requirements of air conditioning system 
terminal and hot water supply, the system operation 
time is basically 8:30 ~ 16:30 on weekdays, and 
shutdown on weekends. In order to avoid the large 
fluctuation range of test data in the startup stage and 
facilitate the statistical analysis of measured data, 
the stable operation stage of ground source heat 
pump system is selected for data acquisition. The 
instantaneous temperature of water supply and re-
turn on the user side, the instantaneous temperature 
of water supply and return on the ground source 
side, the instantaneous flow, the daily cumulative 

power consumption of units and pumps, etc. At 4 
~ 7 hours in the working day operation period 
(generally 9:00, 11:00, 14:00 and 16:00, in special 
cases, 7 hours are collected if the daily operation 
time is long or the temperature fluctuation is large) 
are selected for data acquisition to analyze the op-
eration effect of the ground source heat pump sys-
tem. 

4.1 Operating conditions in summer 
Figure 1 shows the outdoor temperature, tem-

perature and temperature difference of supply and 
return water at the user side. The outdoor tempera-
ture remained at 30.00 ℃ throughout the test period, 
and the maximum temperature amplitude from July 
20 to 31 was 4.00 ℃. The water supply temperature 
on the user side is basically maintained at 8.50 ℃, 
the average return water temperature on the user 
side is 12.14 ℃, and the average temperature dif-
ference of the actual supply and return level on the 
user side is 3.40 ℃. The supply and return water 
temperature at the user side decreases with the in-
crease of outdoor temperature, and the fluctuation 
range of the return water temperature at the user 
side is greater than that of the water supply temper-
ature. Therefore, when the outdoor temperature ris-
es, the ground source heat pump system adopts the 
return water temperature control strategy on the 
user side, which can correspondingly reduce the 
water supply temperature on the user side, so as to 
adjust the cooling capacity of the heat pump unit to 
adapt to the changes of the building cooling load of 
the air conditioning system. The ground source heat 
pump system adopts intermittent operation mode, 
and the return water temperature on the user side 
shows obvious periodic intermittent changes. The 
system adopts the return water temperature control 
on the user side, which causes the intermittent 
change of the water supply temperature on the user 
side to be weaker. 
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Figure 1. Summer outdoor mean temperature and temperature and temperature difference of supply and return water at user side. 

Figure 2 shows the temperature and tempera-
ture difference between the supply and return water 
at the ground source side. The water supply temper-
ature at the ground source side is between 31.00 and 
36.00 ℃, the temperature of the return water is be-
tween 28.70 and 33.00 ℃, and the average temper-
ature difference between supply and return levels is 
3.16 ℃. The fluctuation range of outdoor tempera-
ture is small. Due to the heat storage of soil, the 
water supply and return temperature at the ground 
source side basically remains unchanged. When the 
outdoor temperature fluctuates greatly, such as the 
outdoor temperature rises to 32.00 ℃ from July 25 
to 31, the building cooling load increases sharply, 
and the heat discharged into the soil also increases. 

The water supply and return temperature at the 
ground source side is a mirror image of the outdoor 
temperature. The water supply and return tempera-
ture at the ground source side shows a very obvious 
periodic intermittent change. During the system 
shutdown period, the soil temperature has a strong 
recovery ability, which can better alleviate the soil 
heat accumulation effect around the buried pipe, 
ensure the heat exchange capacity of the soil and 
the buried pipe heat exchange system, and meet the 
cooling capacity of the system. With the increase of 
operation time, the recovery ability of soil temper-
ature decreases slightly, causing the supply and re-
turn water temperature at the source side to rise 
slowly.

 
Figure 2. Temperature and temperature difference of supply and return water at source side in summer.

In areas hot in summer and cold in winter, the 
occupancy rate of buildings directly affects the sys-
tem load rate. The operation strategy selected by the 
composite ground source heat pump system ac-
cording to the system load rate directly affects 
the building energy consumption and building en-
ergy saving rate. Figure 3 shows the load rate of the 
heat pump unit, system load rate, and total daily 

power consumption. During the whole refrigeration 
test of the ground source heat pump system, the 
system load rate is below 30.00%, but the unit load 
rate is 70.00% ~ 90.00%, and the total daily power 
consumption is between 2,800 and 5,000 kW·h. On 
July 16, the total daily power consumption in-
creased due to the long operation time of the system 
and the increase of the system load rate on July 24. 
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According to the Requirements of the Evaluation 
Standard for Renewable Energy Building Applica-
tion Engineering[14] and The Guidelines for Energy 
Efficiency Evaluation of Renewable Energy Tech-
nology Application in Civil Buildings in Guangxi[15], 
the load rate of the unit should reach more than 
80.00% of the rated value, and the load rate of the 
system should reach more than 60.00% of the de-
sign value. The load rate of the heat pump unit 
meets the requirements of the evaluation guidelines. 
Zhu[16] studied that under the condition of extremely 
low occupancy (below 30.00%), the heat pump 

system adopts the best control strategy of sin-
gle buried pipe operation, and the total energy con-
sumption of the system is the lowest. Due to the 
low occupancy rate of the actual use of the building, 
the system load rate is below 30.00% in summer. 
Only the ground pipe heat pump system is operated, 
and the geothermal system is equipped with 37 heat 
pump units. 3 ~ 8 heat pump units are started and 
stopped according to the return water temperature at 
the user side, which can well meet the requirements 
of the unit load rate and reduce the daily power 
consumption of the system.

 
Figure 3. System load rate and heat pump unit load rate in summer.

Figure 4 shows the proportion of water pump 
and unit power consumption in the total daily power 
consumption. The daily power consumption of heat 
pump unit is 60.00% ~ 80.00%, basically main-
tained at about 65.00%, and the daily power con-
sumption of water pump is 30.00% ~ 40.00%. Ac-
cording to the Research Report on the Development 
of Ground Source Heat Pump in China[17], the pump 
energy consumption of typical domestic ground 
source heat pump projects under summer conditions 
accounts for about 34.00% of the system energy 
consumption. Therefore, it can be seen that the ac-
tual energy consumption proportion of pumps in 
this project meets the design proportion of energy 
consumption of transmission and distribution sys-
tem. The selection and quantity of heat pump units, 
circulating water pumps and hot water pumps of the 
ground source heat pump system are reasonable, 
which can choose optimal start and stop strategy of 
heat pump units and pumps according to the cooling 
capacity demand of the system, so as to improve the 
energy efficiency ratio of geothermal system opera-

tion under low load rate conditions. 

 
Figure 4. Power consumption ratio of water pump and unit in 
summer. 

4.2 Operating conditions in winter 
As shown in Figure 5, the temperature and 

temperature difference of water supply and return at 
the user’s side in winter. The outdoor temperature 
remained at 8.00 ~ 10.00 ℃ throughout the test pe-
riod, and only on January 25, the temperature sud-
denly fell to 5.00 ℃. The water supply temperature 
on the user side is 42.00 ~ 44.90 ℃, and the return 
water temperature is 40.00 ~ 42.50 ℃.

 



 

17 

 

Figure 5. Outdoor temperature in winter and temperature and temperature difference of supply and return water at the user side.

The average temperature difference is 2.00 ℃. 
The supply and return water temperature on the us-
er’s side fluctuates in the opposite direction with the 
change in the outdoor average temperature. For 
example, the outdoor temperature drops sharply on 
January 24 and 25. If the return water temperature 
on the user’s side is lower than the set value range, 
increasing the number of heat pump units and water 
pumps, adjusting the water volume of circulating 
water pumps by frequency conversion, and main-
taining the supply and return water temperature dif-
ference at 2.00 ℃, to increase the supply and return 
temperature to meet the heating demand of the sys-
tem. During intermittent operation under a low load 
rate in winter, the supply and return water tempera-
ture on the user side show obvious periodic inter-
mittent changes. 

Figure 6 shows the supply and return water 
temperature at the ground source side in winter. The 
supply water temperature at the ground source side 
is 14.20 ~ 16.00 ℃, the return water temperature at 
the ground source side is 16.50 ~ 18.00 ℃, the sup-

ply and return water temperature difference at the 
ground source side is 1.70 ~ 2.50 ℃, and the aver-
age supply and return water temperature difference 
is 2.08 ℃. Due to the small change in outdoor tem-
perature, the building heating capacity is relatively 
stable. Only on January 24 and 25, the outdoor 
temperature plummet, the building load increased 
sharply, the heat absorption of buried pipe heat ex-
changer increased, and the water supply tempera-
ture at the ground source side increased. The ground 
source heat pump system operates intermittently in 
winter, and the supply and return water temperature 
at the ground source side shows periodic intermit-
tent changes and a slow downward trend. This is 
mainly because the soil temperature quickly recov-
ers to the initial value during the system shutdown, 
maintaining the heat exchange capacity between the 
soil and the buried pipe heat exchange system. With 
the increase of operation time, the heat absorption 
gradually increases, the soil around the buried pipe 
forms a cold accumulation, and the heat exchange 
capacity of the buried pipe system decreases.

 
Figure 6. Temperature and temperature difference of supply and return water at source side in winter.

Figure 7 shows the unit load rate, system load 
rate, and total daily power consumption. When the 

system load rate is less than 30.00% and the unit 
load rate is maintained at 70.00% ~ 80.00%, the 
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total daily power consumption in January is 2,100 ~ 
5,300 kW·h. Compared with the total power con-
sumption in July in summer, the total power con-
sumption in winter increased by 20,670 kW·h. Jan-
uary was at the end of the year when the increased 
summary meeting and energy consumption of hot 
water supply cause the average total energy con-
sumption in January to increase compared with July. 
Figures 5 and 6 show that the fluctuation of out-
door temperature and supply and return water tem-

perature difference in January is relatively 
small, but the range of daily total power consump-
tion in January fluctuates significantly, which is 
mainly due to the increase of daily total power 
consumption caused by the increased performances 
in the grand theater, and summary meetings, the 
number of unit water pumps to start, the increase of 
system operation time and other reasons at the be-
ginning of January, which is in line with the actual 
energy application.

 
Figure 7. System load rate, heat pump unit load rate and total daily power consumption in summer.

Figure 8 shows that the power consumption of 
heat pump units and water pump heat pump units 
accounted for 55.00% ~ 75.00% and 25.00% ~ 
44.00%, respectively, in January under low load 
operation conditions, both of which show little 
fluctuation. The research report on the development 
of ground source heat pump in China points out that 
the energy consumption of water pumps tested in 
the winter of domestic typical ground source heat 
pump system projects accounts for about 28.00% of 
the system energy consumption. Therefore, it can be 
seen that the actual proportion of water pump ener-
gy consumption under low load operating condi-
tions meets the standard of typical demonstration 
projects of ground source heat pump system in 
Guangxi, but it is slightly higher than the require-
ments of the Research Report on the development 
of ground source heat pump. There may also be er-
rors in the measurement of electricity due to the 
magnification of electric meters, leading to an error 
in the proportion of power consumption between 
the water pump and the unit. 

 
Figure 8. Power consumption ratio of water pump and unit in 
winter. 

5. Analysis of system operation 
performance and energy saving rate 
5.1 System operation performance analysis 

It can be seen from the work of Huang and 
Liu[12] that with the gradual increase of the unit load 
rate R, the cooling performance coefficient COP of 
the unit increases. The random forest algorithm is 
used to sort the factors affecting the performance 
coefficient of the unit according to the importance 
of the mean square error ΔMSE value, as shown in 
Table 2. The unit load rate R ranks first in im-
portance, followed by the return water temperature 
on the ground source side under cooling conditions 
or the return water temperature on the user side un-
der heating conditions, and the outdoor temperature 
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and humidity ranks last. According to Yan et al.[11], 
with the increase of unit and system load rate, 
COPsys increases. When the long-term system load 
rate is less than 30.00% based on 
the back-propagation network algorithm, and R > 
60.00% only accounts for 30.00%, COPsys and 
EERsys are both less than 2.30. From the analysis of 
the influencing factors of the geothermal system, it 
can be seen that other influencing factors except the 
system load rate comply with the technical specifi-
cations of the ground source heat pump project, and 
only the system load rate is far from the require-
ments of the energy efficiency evaluation guidelines. 
The following will mainly study the impact of the 
system load rate and unit load rate on the system 
operation performance. 

The COP of the local source heat pump system 
is 4.00 ~ 5.00, the average COP is 4.48, the COPsys 
is 3.40 ~ 4.00, and the average COPsys is 3.59, as 
shown in Figure 9. According to the actual COP, 
COPsys and the evaluation standard for application 
of renewable energy in buildings, the ground source 
heat pump project can still be at level 2 energy effi-
ciency under the conditions of system load rate 
<30.00% and unit load rate >80.00%. The changes 
of COP and COPsys are less affected by the system 
load rate Rsys, and increase with the increase of unit 
load rate R. 

As shown in Figure 10, in winter, when the 
system load rate is <30.00% and the unit load rate is 
about 70.00%, the unit heating performance coeffi-
cient EER is 3.78 ~ 4.70, the average EER is 4.26, 
the system heating energy efficiency ratio EERsys is 
3.07 ~ 3.70, the average EERsys is 3.31, and the op-
eration energy efficiency level is level 2. EER and 
EERsys are less affected by the system load rate, 
which decreases with the decrease of unit load rate 
and increases with the increase of unit load rate. 
Therefore, when the load rate of the system in the 
early operation of the actual geothermal project is 
less than 30.00% for several years, the design 
scheme of the ground source heat pump system is 
set up so that the buried pipe heat exchange system 
can operate in different areas. The number of heat 
pump units equipped can select the appropriate 
number of operating units according to the actu-

al building load, so that the load rate of the units 
can be maintained at around 80.00%, and the con-
trol strategy of heat pump units and water pump 
groups can be optimized to make the supply and 
return water temperature at the ground source side, 
the supply and return water temperature at the user 
side and the temperature difference, meet the re-
quirements of engineering technical specifications 
and improve the system operation energy efficiency 
ratio of ground source heat pump system. 

5.2 comparative analysis of unit and system 
performance 

In order to better analyze the operation per-
formance of the ground source heat pump system 
under low load rate, the unit performance coeffi-
cient and system performance coefficient tested by 
the geothermal research platform system of Guang-
xi Key Laboratory of energy conservation in Guilin 
in the work of Zeng et al.[4] and Zeng, Zhao, Lv, et 
al.[18] are compared with this project, as shown in 
Figure 11. Under the same climatic environment 
and karst geological conditions, the COP (4.48) of 
the project operating under low load rate conditions 
in summer is 4.28% higher than that of the geo-
thermal experimental platform under normal oper-
ating conditions (4.30), and the EER (4.26) in win-
ter is 18.99% higher than that of the geothermal 
experimental platform (3.58). In order to better 
study the feasibility, operating energy efficiency 
and energy saving rate of ground source heat pump 
system in karst areas, the average unit performance 
coefficient of 33 ground source heat pump demon-
stration projects in Wuhan where is hot in summer 
and cold in conducted by Yan et al.[10] is compared 
with this project, as shown in Figure 11. The COP 
(4.48) of the project in summer is 18.84% lower 
than the average value (5.52) of geothermal demon-
stration projects in Wuhan, and the EER of the two 
regions in winter is basically the same. Because the 
design of the buried pipe heat exchange system, the 
control mode of the air conditioning system, the 
operation management and maintenance of the ex-
perimental platform are quite different from the ac-
tual engineering projects, this paper will no longer 
compare with the experimental test data.
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Table 2. Ranking of influence factors of heat pump unit 
Influence factor Refrigeration condition Heating condition Comprehensive rank-

ing ΔMSE Importance rank-
ing 

ΔMSE Importance rank-
ing 

Unit load rate 60.54 1 75.64 1 1 

Return water temperature at ground source 
side 

45.14 2 37.60 3 2 

Return water temperature at user side 41.63 4 54.07 2 3 

Water supply temperature at ground source 
side 

44.65 3 24.79 5 4 

Water supply temperature at user side 21.05 6 26.75 4 5 

Outdoor temperature 31.30 5 16.64 6 6 

Outdoor humidity 27.52 7 11.56 7 7 

 
Figure 9. Load rate and performance coefficient of heat pump unit and load rate and energy efficiency ratio of system in summer. 

 
Figure 10. Load rate and performance coefficient of heat pump unit and system in winter. 

 
Figure 11. Comparison of unit performance coefficient.

The system energy efficiency ratio (COPsys) of 
the project under low load rate operation in summer 
is 3.59, which is 8.79% higher than that of Wuhan 
COPsys 3.30, and the system energy efficiency ratio 

(EERsys) in winter is equal to the average EERsys of 
Wuhan, as shown in Figure 12. It can be seen that 
the project can achieve high system energy effi-
ciency ratio under the working condition of system 
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load rate <30.00%, is due to the reasonable design 
of buried pipe heat exchange system, system 
equipment selection and quantity allocation, unit 
pump group control strategy and operation man-
agement. The karst area is particularly rich in 

groundwater resources, and the groundwater level is 
low, which can well enhance the heat exchange ca-
pacity of buried pipes and play an important role in 
improving the energy efficiency ratio of system op-
eration.

 
Figure 12. Comparison of system performance coefficient.

6. Conclusion 
Based on the measured data of Guilin ground 

source heat pump demonstration project under karst 
geological conditions, this paper analyzes the oper-
ating parameters and effects of ground source heat 
pump system from the order of importance of fac-
tors affecting the operating performance of ground 
source heat pump system and heat pump unit, and 
draws conclusions. 

In summer, the average water supply tempera-
ture on the user side is 8.50 ℃, the average return 
water temperature is 12.14 ℃, the average water 
supply temperature on the ground source side is 
34.70 ℃, and the average return water temperature 
is 31.44 ℃. In winter, the average water supply 
temperature on the user side is 43.10 ℃, the aver-
age return water temperature is 40.99 ℃, the aver-
age water supply temperature on the ground source 
side is 15.14 ℃ the average return water tempera-
ture is 17.22 ℃, and the whole ground source heat 
pump system is in good operation. 

(1)  When the system load rate is <30.00% 
and the unit load rate is >70.00% under typical 
seasonal conditions, due to the reasonable system 
design, the total daily power consumption is less 
affected by the system load rate, and decreases with 
the increase of the unit load rate. The power con-
sumption of the unit in summer accounts for 60.00% 
~ 80.00%, the power consumption of the water 

pump accounts for 30.00% ~ 40.00%, the power 
consumption of the unit in winter accounts for 
55.00% ~ 75.00%, and the power consumption of 
the water pump accounts for 25.00% ~ 44.00%. The 
proportion of power consumption of pumps and 
units is in line with the provisions of the Research 
report on the Development of ground source heat 
pump in China. 

(2)  The average COP in summer is 4.48, the 
average COPsys is 3.59, and the average EER in 
winter is 4.26, and the average EERsys is 3.31, be-
longing to level 2 energy efficiency. If the buried 
pipe heat exchange system can be operated in dif-
ferent areas, the selection and quantity of heat pump 
units and water pump equipment can be selected 
according to the actual building load, and the opti-
mal pump start and stop strategy of heat pump units 
can be adopted to ensure that the unit load rate 
reaches 80.00%, the unit performance coefficient 
can reach more than 4.00, and the system operation 
energy efficiency ratio can reach more than 3.30. 

(3)  The COP of the ground source heat pump 
system of the project in summer is 4.28% higher 
than that of the experimental platform in Guilin, 
and the EER in winter is 18.99% higher; COP in 
summer is lower than that of geothermal projects in 
Wuhan, and EER in winter is basically the same; 
the average COPsys in summer is 8.79% higher than 
that in Wuhan, and the average EERsys in winter is 
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the same. The energy-saving rate of the ground 
source heat pump system of the project is 30.72% in 
summer and 35.93% in winter, which is only 9.54% 
lower than that of the geothermal project in Wuhan 
in summer and 4.14% lower than that in winter. 
Although the system load rate is lower than 30.00%, 
the energy-saving rate in typical seasons is not 
much different, and it still maintains a high ener-
gy-saving rate compared with the conventional 
air-conditioning system. 

It can be seen from the conclusion that when 
the ground source heat pump system is under partial 
load condition under karst geological conditions in 
Guilin, the high-efficiency and energy-saving char-
acteristics of the ground source heat pump system 
can still be achieved by operating part of the buried 
pipe heat exchange system and implementing the 
linkage group control strategy of the heat pump unit 
and the water pump to ensure that the load rate of 
the heat pump unit is about 80.00%. When the sys-
tem load rate reaches more than 60.00%, the ener-
gy-saving effect of the system will be more signifi-
cant, which is conducive to the promotion and 
application of ground source heat pump system in 
Guilin. 
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ABSTRACT 
In view of the complex structural characteristics and special operating environment of the horizontal spiral tube 

heat exchanger of the shaft sealed nuclear main pump, the numerical simulation method of flow heat coupling is used to 
analyze the influence of the flow and temperature changes of the fluid on the shell side on the flow field and tempera-
ture field of the heat exchanger, explore the influence rules of the inlet parameters on the flow and heat transfer charac-
teristics of the fluid in the heat exchanger, and analyze the enhanced heat transfer performance of the heat exchanger by 
using the relevant heat transfer criteria. The results show that the horizontal spiral tube fluid generates centrifugal force 
under the influence of curvature, forming a secondary flow which is different from the straight tube flow heat transfer, 
and the velocity distribution is concave arc, which will enhance the heat transfer efficiency of the heat exchanger; with 
the increase of shell side velocity, the degree of fluid disturbance and turbulence increases, while the pressure loss does 
not change significantly, and the heat transfer performance of the heat exchanger increases; under the given structure 
and size, the heat transfer performance curve of the heat exchanger shows that the increase of shell side flow and Reyn-
olds number has a significant impact on the enhanced heat transfer of the spiral tube. In practical engineering applica-
tions, the heat transfer can be strengthened by appropriately increasing the shell side flow of the heat exchanger. 
Keywords: Shaft Seal Nuclear Main Pump; Horizontal Spiral Tube Heat Exchanger; Coupled Heat Transfer; Numerical 
Simulation; Performance Analysis  
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1. Introduction 
Horizontal spiral tube heat exchanger has the advantages of com-

pact structure, large heat exchange area, high temperature resistance 
and strong pressure bearing capacity. It is widely used in nuclear reac-
tors, environmental engineering, power production and other engineer-
ing fields[1,2]. In the primary circuit system of the nuclear island, the 
spiral tube heat exchanger is installed above the impeller of the nuclear 
main pump, the only rotating equipment, to prevent the heat of the re-
actor high-temperature coolant from transmitting to the upper part of 
the pump and prevent the heat damage of the pump bearing and shaft 
seal. It can be seen that the heat transfer characteristics of the spiral 
tube heat exchanger directly affect the safe operation of the main pump, 
so it is necessary to analyze the flow and heat transfer characteristics of 
the heat exchanger more systematically and accurately. There are many 
factors that affect the flow and heat transfer of the heat exchanger. 
Reasonable geometric parameters, flow, temperature and working en-
vironment play an important role in improving the heat transfer effi-
ciency of the heat exchanger and ensuring the safe operation of the unit. 

At present, scholars at home and abroad have made in-depth re-
search and elaboration on the influencing factors of flow and heat 
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transfer in spiral tubes. For example, Vocale[3] con-
sidered the coupled heat transfer of spiral tubes and 
evaluated the influence of the selection of ther-
mal boundary conditions on the local heat transfer 
phenomenon in coils. Ren[4], Lu[5] and Zeng et al.[6] 
analyzed the influence of different boundary condi-
tions and different geometric parameters on the 
conjugate heat transfer of spiral tube heat exchang-
ers, and concluded that curvature, pipe diameter and 
grid thickness are the main factors for the optimal 
design of heat exchangers. Sun[7] and Yu[8] explores 
the shell side flow and heat transfer characteristics 
of spiral wound heat exchangers in floating lique-
fied natural gas, including experimental research on 
the influence of tilt, yaw and pitch on the pressure 
drop of spiral wound heat exchangers. Chen et al.[9], 
Guo et al.[10] and Yu[11] studies the properties of 
forced convection heat transfer of helical tubes un-
der different conditions, and obtains the distribution 
of local heat transfer coefficient and the empirical 
formula of average heat transfer coefficient under 
different conditions. Most of the above studies are 
aimed at analyzing the heat transfer characteristics 
of the heat exchanger in a specific working envi-
ronment. For the horizontal spiral tube heat ex-
changer of the nuclear main pump, the high tem-
perature and high-pressure operating environment 
in the pump needs higher requirements for the per-
formance of the spiral tube heat exchanger. The re-
search on the inlet parameters and comprehensive 
performance evaluation of the shell side needs to be 
deepened. 

In view of the complexity of the fluid flow 
field and heat transfer process in the horizontal spi-
ral tube heat exchanger, considering the conjugate 
heat transfer under the joint action of the convective 
heat transfer of the fluid medium and the heat con-
duction of the tube wall, this paper uses the numer-
ical simulation method to comprehensively analyze 
the heat transfer performance of the spiral tube heat 
exchanger under different flow rates and different 
heat source temperatures on the shell side, and uses 
the relevant heat transfer criteria to analyze the 
comprehensive energy transfer performance of the 
heat exchanger. It provides some guidance for 

solving the problems of heat transfer of the heat 
shield heat exchanger of the shaft seal nuclear main 
pump. 

2. Structure and model parameters 
of spiral tube heat exchanger 

The heat exchanger of the main pump is com-
posed of 8 groups of cooling coils located inside the 
heat shield cover. Each group of cooling coils is 
coiled by a single cooling pipe according to the 
spiral, and is stacked in the heat shield cover cylin-
der in turn. The temperature difference of each 
component changes greatly, and the physical pa-
rameters of materials and media change signifi-
cantly with temperature. At the same time, the 
structural characteristic scale span of the heat ex-
changer is large, and the shell side channel is nar-
row. These factors make the heat transfer numerical 
simulation of the main pump heat shield heat ex-
changer become very complex. In order to save 
calculation time and resources, the solid model of 
spiral tube heat exchanger is reasonably simplified, 
and a group of horizontal spiral tubes are taken for 
numerical simulation research. The simplified mod-
el is shown in Figure 1. 

The flow and heat transfer of two spiral tubes 
are selected for numerical analysis. In order to en-
sure the full development of turbulence and make it 
closer to the boundary conditions of the real flow 
field, the fluid domain at the outlet of the spiral tube 
shell side is appropriately extended. The calculation 
domain model is shown in Figure 1(a). The cooling 
water in a single spiral pipe enters from the right 
side of the coil, gradually rises to the upper level 
after heat exchange through the lower coil, and then 
continues heat exchange, and finally flows out from 
the left spiral pipe. The spiral pipe is composed of 
two layers of concentric spiral coil, which is made 
of stainless-steel pipe with a diameter of 19 
mm bent into a spiral shape. Each layer of steel pipe 
is bent for seven turns. The geometric model of the 
coil is shown in Figure 1(b), and the basic parame-
ters are shown in Table 1. 
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Figure 1. Schematic diagram of horizontal spiral tube heat exchanger. 

Table 1. Geometric parameters of horizontal spiral tube 
Parameter Value 

Length of heat transfer tube L/m 19 

Pipe inner diameter di/mm 12.8 

Tube outer diameter do/mm 19 

Screw diameter dh/mm 473.5 

Wall thickness of heat transfer tube b/mm 3.1 

Heat transfer tube spacing a/mm 2.5 

Heat transfer tube pitch Pt/mm 21.5 
 

3. Numerical calculation method 
3.1 Grid division and boundary conditions 

The structure of the fluid domain on the shell 
side of the spiral tube heat exchanger is complex, 
and the unstructured tetrahedral mesh with strong 
self-adaptive is used to divide its calculation do-
main. In order to ensure the calculation accuracy, 
the calculation domain of the main heat exchange 
zone on the shell side is encrypted. Considering the 
calculation equipment and calculation cycle, the 
total number of grids of the model is about 16 mil-
lion after the grid independence test. The mesh di-
vision of fluid domain of heat exchanger is shown 
in Figure 2. 

High temperature water and cooling water are 
used for heat exchange at shell side and tube side 
respectively. In view of the large temperature dif-
ference of each component and the obvious change 
of the physical parameters of the medium with the 
temperature, in order to obtain more accurate cal-
culation results, considering that the physical pa-
rameters of the fluid will change with the tempera-
ture, thus affecting the heat transfer, the material 
physical variable function is added to CFX-Pre, and 
the physical parameters of the spiral tube metal 
material are shown in Table 2. The inlet of the 
working medium is the mass flow and tempera-
ture boundary condition, and the outlet is the static 
pressure boundary condition. The interface between 
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the spiral coil and the fluid domain is set as the heat 
flow coupling interface, and the other outer walls 
are set as the non-slip insulation wall. The parame-

ter settings of boundary conditions are shown in 
Table 3. 

 
Figure 2. Schematic diagram of the fluid domain grid for spiral tube heat exchanger. 

Table 2. Thermophysical properties of spiral tube 
Material Density/kg·m-3 Constant pressure specific heat 

capacity/J·kg-1·℃-1 
Thermal conductivity/w·m-1·℃-1 

Austenitic stainless steel  7,930 502 19 

Table 3. Boundary condition setting parameters 
Boundary condition  Import Export 

Flow/L·h-1 Temperature/℃ Static pressure/MPa 
Tube side 11,000 38 0.1 
Shell side 600 ~ 1,800 150 ~ 290 0.1 
 

3.2 Calculation method 
In the process of fluid flow research, the com-

putational domain is discretized based on the finite 
volume method. In order to solve the momentum 
and energy equations, the discrete format adopts 
high resolution, and the continuity equation, mo-
mentum equation and energy equation formed a 
control equation group for solving turbulent flow 
and heat transfer. 

Continuity equation: 

 
 (1) 

Momentum equation: 

 

(2) 
Energy equation: 

𝜕𝜕(𝜌𝜌ℎ𝑡𝑡𝑡𝑡𝑡𝑡)
𝜕𝜕𝜕𝜕

−
𝜕𝜕𝜌𝜌
𝜕𝜕𝜕𝜕

+ 𝛻𝛻 ∙ (𝜌𝜌𝑈𝑈ℎ𝑡𝑡𝑡𝑡𝑡𝑡)

= 𝛻𝛻 ∙ (𝜆𝜆𝛻𝛻𝜆𝜆) + 𝛻𝛻 ∙ (𝑈𝑈𝜏𝜏) + 𝑈𝑈 ∙ 𝑆𝑆𝑀𝑀
+ 𝑆𝑆𝐸𝐸 

(3) 
Among them, the total enthalpy ℎtot is related 

to the static enthalpy ℎ(𝜆𝜆,𝑝𝑝): 

 
(4) 

Where: ρ—density, kg·m-3; ∇—divergence; t
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—time, s; U—velocity vector; τ—viscous stress, 
which is produced by the viscous action of mole-
cules; p—pressure on fluid microelement, Pa; 
𝑆𝑆𝑀𝑀—generalized source term; T—temperature, K; 
λ—second viscosity; 𝛻𝛻 ⋅ (𝑈𝑈 ⋅ 𝜏𝜏) —viscous stress 
does work; 𝑈𝑈 ⋅ 𝑆𝑆𝑀𝑀  work for external momentum 
heat source. 

The flow velocity in the inner shell side and 
tube side of the spiral tube heat exchanger is small, 
and the pressure gradient is relatively small, so k-ε 
turbulent model is used to study the heat transfer 
and fluid characteristics of spiral tube heat ex-
changer[12]. The solution equation is as follows: 

 
 (5) 

 

 
 (6) 

Where: ε—turbulent dissipation rate; 
𝐺𝐺𝑘𝑘—generation term of turbulent kinetic energy k  
caused by average velocity gradient, 𝜎𝜎𝑘𝑘 ,𝜎𝜎𝜀𝜀 ,𝐶𝐶1𝜀𝜀 ,𝐶𝐶2𝜀𝜀 
is an empirical constant, where 𝜎𝜎𝑘𝑘 = 1.0,𝜎𝜎𝜀𝜀 =
1.3,𝐶𝐶1𝜀𝜀 = 1.44,𝐶𝐶2𝜀𝜀 = 1.92 ; μ—physical parame-
ters; 𝜇𝜇𝑖𝑖—turbulent viscosity, Pa·s. CFX solver is 
used for steady-state calculation. When the residual 
errors of continuity, momentum and energy are less 
than 10-4, 10-5 and 10-6 respectively, it is judged that 
the physical quantities of flow field and temperature 
field of heat exchanger have converged. 

 
Figure 3. Temperature contours for lower spiral tube. 

4. Calculation results and analysis 
4.1 Temperature field and velocity distribu-
tion of fluid at pipe side 

In order to study the influence of shell side 
fluid inlet parameters on the temperature distribu-
tion of fluid heat transfer, the temperature field and 
velocity field of fluid in spiral tube under different 
volume flow were numerically simulated and ana-
lyzed. By analyzing the temperature distribution 
nephogram of the spiral tube in Figure 3 and Fig-
ure 4, it can be seen that the temperature in the 

lower spiral tube gradually increases from the outer 
ring of the coil to the inner ring, and the tempera-
ture in the upper spiral tube gradually increases 
from the inner ring of the coil to the outer ring. By 
comparing and analyzing the temperature distribu-
tion nephogram of spiral tube under different inlet 
flow, it can be seen that the coil temperature in-
creases significantly with the increase of fluid flow 
on the shell side. Under the given structure and size, 
with the increase of flow rate, the surface heat 
transfer coefficient increases, and more heat is 
transferred to the spiral tube. 
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Figure 4. Temperature contours for upper spiral tube.  

 
Figure 5. Fluid velocity profile inside horizontal spiral tube. 

In order to further understand the influence of 
the structural characteristics of the spiral tube on 
heat transfer, the velocity distribution of the spiral 
tube is analyzed. As the structural size of the model 
is large, Figure 5 shows the velocity distribution 
nephogram and streamline diagram of some char-
acteristic sections of the spiral tube. Due to the de-
pendence of the secondary flow characteristics on 
the curvature of the coil, the centrifugal force gen-
erated by the bending of the spiral pipe makes the 
maximum velocity of the fluid close to the outside 
of the pipe, and the fluid flow velocity on the inner 
wall of the pipe is relatively small, and the velocity 
distribution presented the shape of concave arc. At 

the same time, according to the streamline diagram, 
the secondary flow effect of the lower coil is not 
obvious. When the fluid rises to the upper coil, the 
fluid disturbance intensifies, producing obvious 
secondary circulation, and enhancing the heat ex-
change effect of the heat exchanger.  

4.2 Influence of shell side fluid inlet param-
eters on heat transfer characteristics of heat 
exchanger 

Figure 6 shows the relationship of the shell 
side fluid heat transfer coefficient ho and the total 
heat transfer coefficient K of the heat exchanger 
with the flow rate. 
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Figure 6. Heat transfer coefficient vs. flow rate of shell-side. 

At different inlet temperatures, the variation 
trends of total heat transfer coefficient K and shell 
side fluid boundary film heat transfer coefficient ho 
with the change of flow velocity are basically the 
same, both of which increase with the increase of 
shell side flow velocity u. Under the same shell side 
flow rate, the heat transfer coefficient increases 
with the increase of temperature, but the increase of 
heat transfer coefficient shows a decreasing trend. 
Compared with the inlet temperature of 150 ℃, the 
increase of total heat transfer coefficient at 220 ℃ 
is between 7.6% and 8.3%, and the increase value at 
290 ℃ is between 2.8% and 3.0%. Therefore, im-
proving the heat transfer coefficient of the heat ex-
changer by changing the inlet temperature is limited 

Figure 7 shows the change curve of the heat 
transfer power P of the heat exchanger change with 
the shell side flow rate u and temperature to. It 
can be seen that with the increase of temperature, 
the temperature difference between the fluid inside 
and outside the horizontal spiral tube increases, the 
heat transfer per unit time increases, and the heat 
transfer power shows an increasing trend. The flow 
rate has little effect on the heat transfer power, and 
its change gradually decreases with the increase of 
flow rate. 

Figure 8 shows the relationship between the 
pressure drop on the shell side of the heat exchang-
er and the flow rate. At the same flow rate, because 
the incompressible fluid has little dependence on 
pressure, the pressure drop on the shell side varies 
little with the fluid temperature. Although the pres-

sure drop on the shell side gradually increases with 
the increase of inlet flow rate, the test flow rate is 
small, and the pressure drop on the shell side of the 
spiral tube heat exchanger does not change signifi-
cantly. 

 
Figure 7. Heat transfer power vs. flow rate of shell-side. 

 

Figure 8. Pressure drop vs. flow rate of shell-side. 

3.3 Comprehensive performance analysis of 
spiral tube heat exchanger 

The flow and heat transfer of fluid in the heat 
exchanger is an important index to evaluate the 
comprehensive performance of the spiral tube heat 
exchanger. According to the temperature results 
obtained from numerical simulation research, based 
on the performance evaluation criteria of the first 
law of thermodynamics, the influence of shell side 
Reynolds number and temperature in the spiral tube 
heat exchanger on the conjugate heat transfer of the 
heat exchanger is analyzed. 

In the comprehensive performance analysis of 
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heat exchanger, the Nusselt number Nuo represents 
the strength of the average heat transfer coefficient 
of the fluid, and the heat transfer factor 𝑗𝑗H reflects 
the relationship between the average friction coeffi-
cient and the heat transfer coefficient of the convec-
tive heat transfer surface, and the efficiency of the 
heat exchanger η reflects the influence of the tem-
perature difference between the inlet and outlet of 
the fluid on the heat transfer of the spiral tube heat 
exchanger. The expression of the number of rele-
vant criteria is[13]: 

\ 
 (7) 

 
 (8) 

 
 (9) 

The expression of heat transfer factor JH is[14]: 

 
 (10) 

Where: 𝑑𝑑𝑒𝑒—equivalent diameter of shell side, 
m; 𝜆𝜆𝑡𝑡—thermal conductivity of shell side fluid, 
W/m·K; 𝐺𝐺𝑡𝑡—mass flow rate of fluid at shell side, 
kg/(m2·h); 𝜇𝜇𝑡𝑡 —hydrodynamic viscosity at shell 
side, PA·s; 𝑐𝑐𝑝𝑝,𝑡𝑡—constant specific pressure heat 
capacity of shell side fluid, J/(kg·K). 

The efficiency of heat exchanger is defined 
as[15]: 

 
 (11) 

Among them,  

 
Where: 𝑄𝑄avg—average heat exchange capacity 

of heat exchanger, W; 𝑄𝑄𝑖𝑖—heat exchange of fluid 
at pipe side, W; 𝑄𝑄0—heat exchange of fluid at shell 
side, W; 𝑞𝑞𝑚𝑚—mass flow, kg/s; 𝜕𝜕𝑖𝑖,in—pipe side in-
let temperature, ℃; 𝜕𝜕𝑡𝑡,in—inlet temperature at shell 
side, ℃.  

According to the analysis of the 𝑁𝑁𝑢𝑢0 change 

curve in Figure 9, 𝑁𝑁𝑢𝑢0 gradually increases with 
the increase of 𝑅𝑅𝑒𝑒0, and the average heat transfer 
coefficient of the shell side fluid gradually increases; 
under the same 𝑅𝑅𝑒𝑒0, 𝑁𝑁𝑢𝑢0 increases with the in-
crease of temperature. The temperature differ-
ence between the fluid inside and outside the tube 
increases, and the average heat transfer coefficient 
of the fluid on the shell side increases, which is 
conducive to the heat transfer of the fluid in the heat 
exchanger. 

 
Figure 9. Nusselt number vs. Reynolds number of shell-side. 

 
Figure 10. Heat transfer factor vs. Reynolds number of 
shell-side. 

The heat transfer factor 𝑗𝑗H change curve in 
Figure 10 shows that 𝑗𝑗H decreases with the in-
crease of temperature, and the amount of change 
gradually decreases. This is because the physical 
properties of the fluid have changed significantly 
affected by temperature. 𝑗𝑗H  decreases gradually 
with the increase of 𝑅𝑅𝑒𝑒0, and the heat transfer co-
efficient of shell side fluid increases, which further 
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improves the heat transfer performance of horizon-
tal spiral tube heat exchanger. 

Figure 11 shows the relationship between heat 
exchanger efficiency η and 𝑅𝑅𝑒𝑒0 . The analysis 
shows that η gradually decreases with the increase 
of 𝑅𝑅𝑒𝑒0, which is attributed to the increase of qm 
with the increase of 𝑅𝑅𝑒𝑒0, leading to the increase of 
Qmax, so the efficiency of heat exchanger η decreas-
es. At the same time, when the flow rate is constant, 
the efficiency η of the spiral tube heat exchanger is 
slightly higher when the temperature is 220 °C, and 
it can be judged that the inlet temperature of the 
shell side has no significant effect on the enhanced 
heat transfer of the spiral tube. 

 
Figure 11. Efficiency vs. Reynolds number of shell-side. 

5. Conclusion 
(1) The fluid temperature of the spiral tube 

gradually increases along the flow direction, and the 
centrifugal force generated by its bending makes 
the maximum velocity of the fluid close to the out-
side of the tube, and the velocity is distributed in a 
concave arc shape. When the fluid rises to the upper 
coil of the spiral tube, the fluid disturbance intensi-
fies, producing obvious secondary circulation, and 
enhancing the heat exchange effect of the heat ex-
changer. 

(2) The inlet flow rate of shell side fluid is in 
the range of 600 ~ 1,800 L/h. With the increase of 
flow rate, the shell side heat transfer coefficient and 
total heat transfer coefficient increase by 73% and 
59% respectively, which has a positive impact on 
the enhancement of heat transfer; the heat transfer 
power and pressure loss have no obvious change 
with the increase of fluid inlet flow on the shell 

side. 
(3) Temperature has little effect on the heat 

transfer coefficient and pressure drop. The heat 
transfer coefficient on the shell side and the total 
heat transfer coefficient increased by 13% and 11% 
respectively, but the increase rate gradually de-
creased. It shows that the change of shell side inlet 
temperature has limited effect on improving the 
heat transfer capacity of the heat exchanger. 

(4) In the range of Reynolds number from 400 
to 2,800, the Nusselt number on the shell side in-
creases with the increase of Reynolds number, and 
the heat transfer factor and efficiency show a 
downward trend, which is conducive to improving 
the heat transfer performance of the heat exchanger. 
Compared with Reynolds number, shell side inlet 
temperature has little effect on shell side Nusselt 
number, heat transfer factor and efficiency of heat 
exchanger. 
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ABSTRACT 
The mathematical model of a new flat plate heat pipe PV/T heat pump system is established. The experimental da-

ta of the system under various working conditions are obtained through experimental measurement, and the accuracy 
and reliability of the model are verified. Based on the verified mathematical model, the thermal performance, electrical 
performance and the performance of the heat pump system are simulated. The results show that under winter conditions, 
the daily average thermal power, electrical power and COP of the system are 274.5 W, 93.5 W and 2.7 W respectively. 
Due to the low outdoor ambient temperature in winter, during winter operation, the heat collection system will lose a lot 
of heat to the surrounding environment through the photovoltaic panel surface, resulting in the heat collection of the 
system cannot meet the heat demand of the heat pump side, which is intuitively shown as the water temperature of the 
heat collection tank on the evaporation side shows a downward trend throughout the day. Therefore, the collector mod-
ule of the system is optimized by adding a collector. After optimization, the daily average thermal power of the system 
is increased to 654.2 W and the COP is increased to 6.9. 
Keywords: Flat Plate Heat Pipe; PV/T; Heat Pump; Numerical Simulation; Performance Optimization 
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1. Introduction 
As a kind of renewable energy, solar energy has the characteristics 

of rich reserves, clean and pollution-free, and has gradually been paid 
attention to and widely used[1]. The solar photovoltaic photothermal 
comprehensive utilization system combines photovoltaic technology 
and photothermal technology, and uses the circulating fluid of the pho-
tovoltaic panel backplane to take away and collect the heat generated by 
the photovoltaic panel. While collecting heat, it can also reduce the 
temperature of the photovoltaic panel to improve the photoelectric 
conversion efficiency of the system[2]. Compared with the separate 
photovoltaic system and solar collector system, the solar photovoltaic 
solar thermal comprehensive utilization system can share system com-
ponents, reduce system costs, and save building area[3]. Therefore, the 
comprehensive utilization system of solar photovoltaic light and heat 
has broad application prospects. 

Many scholars at home and abroad have simulated PV/T (photo-
voltaic/thermal) system. As early as 1979, Hendrie[4] proposed the 
mathematical theoretical model of PV/T collector based on the tradi-
tional solar collector. In 1981, Raghuraman established a mathematical 
model to simulate and analyze the thermoelectric performance of wa-
ter-cooled PV/T collector[5], and in 1985, he simulated and studied the 
air-cooled PV/T system[6]. 
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Chow[7] established the dynamic mathematical 
model of water-cooled PV/T collector, simulated 
and analyzed the energy transfer process between 
different components in the system, and obtained 
the instantaneous characteristics of the system. As 
the water-cooled PV/T system is easy to freeze in 
winter when used in high latitude areas, some 
scholars proposed to apply heat pipe to PV/T sys-
tem, and many scholars have carried out simulation 
research on circular heat pipe PV/T system. Ren et 
al.[8] established the mathematical model of the cir-
cular heat pipe PV/T system, and analyzed the in-
fluence of the heat pipe spacing, the presence or 
absence of the air layer and the thickness of the air 
layer on the performance of the whole system. The 
results showed that with the increase of the heat 
pipe spacing, the photoelectric and photothermal 
output of the system would decrease. In order to 
make better use of the low-grade heat energy col-
lected by the heat pipe PV/T collector system, some 
scholars proposed to apply the heat pump to the 
heat pipe PV/T system. Zhang and Li[9] established 
the mathematical model of the photovoltaic solar 
heat pump/ring heat pipe composite system, and 
used the verified mathematical model to compare 
and simulate the performance of the system under 
the two working modes of heat pump operation 
alone and heat pump and ring heat pipe combined 
operation. The simulation results show that the 

working mode of heat pump and ring heat pipe 
combined operation should be adopted when the 
solar radiation intensity is high. In winter or when 
the solar radiation intensity is low, the working 
mode of independent operation of heat pump 
should be adopted. 

In the traditional circular heat pipe PV/T heat 
pump system, the contact part between the circular 
heat pipe and the photovoltaic panel backplane is 
linear, resulting in less contact area, which affects 
the heat absorption efficiency of the heat pipe. Ap-
plying the new flat plate heat pipe to the heat pipe 
PV/T system can greatly increase the contact ar-
ea between the heat pipe and the back plate of the 
photovoltaic panel and enhance the heat exchange 
efficiency of the heat pipe. However, there is little 
research about this part. In order to further study the 
impact of the new flat plate heat pipe on the oper-
ating performance of the heat pipe PV/T heat pump 
system, this paper has built an experimental device 
of the new flat plate heat pipe PV/T heat pump sys-
tem, established the mathematical model of the 
system, verified the accuracy of the established 
mathematical model using the previously measured 
experimental data, and simulated the typical work-
ing conditions in winter according to the verified 
mathematical model. According to the simulation 
results, the heat collection part of the system is op-
timized. 

 

Figure 1. Schematic of the overall system. 
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2. Mathematical model of flat plate 
heat pipe PV/T heat pump system 
2.1 System composition 

Figure 1 is the schematic diagram of the new 
flat plate heat pipe PV/T heat pump system. The 
system is mainly composed of flat plate heat pipe 
PV/T heat collection system and heat pump sys-
tem[10]. The main devices of the flat panel heat pipe 
PV/T heat collection system include: new flat panel 
heat pipe PV/T heat collector, heat collection water 

tank, expansion water tank, photovoltaic inverter 
control integrated machine, battery, electromagnetic 
flowmeter and water pump[11]. The heat pump de-
vice is mainly composed of evaporator, condenser, 
compressor and capillary tube[12]. The condenser 
and evaporator of the heat pump are plate heat ex-
changers, the evaporator is connected to the water 
tank on the evaporation side, and the constant tem-
perature water bath is connected to the condensa-
tion side of the heat pump. The refrigerant filled in 
the heat pump system is R134a. 

 

Figure 2. Energy transfer model diagram of a new flat heat pipe type PV/T heat pump system. 

2.2 Establishment of system mathematical 
model 

The energy transfer model of the new flat plate 
heat pipe PV/T heat pump system is shown in Fig-
ure 2. The sunlight shines on the photovoltaic panel 
through the glass cover plate, and the short-wave 
radiation is converted into electric energy, which is 
converted into AC through the photovoltaic reverse 
control device and stored in the battery. The long 
wave radiation is absorbed by the photovoltaic pan-
el to generate heat, which is transmitted to the flat 
plate heat pipe on the photovoltaic panel back plate 
through the glass cover plate and the photovoltaic 

panel respectively. The liquid acetone in the evapo-
ration end of the flat heat pipe is converted into va-
por acetone after endothermic evaporation, and the 
acetone rises to the condensing end of the flat heat 
pipe after vaporization. After that, the circulating 
water in the header absorbs the heat at the condens-
ing end of the flat heat pipe and the temperature 
rises. Under the power provided by the circulating 
water pump, the high-temperature water in the 
header is transmitted to the heat exchange coil in 
the heat collection tank, and the heat is released to 
the water in the heat collection tank through the 
heat exchange coil. As the low-temperature heat 
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source of the heat pump, the heat of the heat col-
lecting water tank is absorbed by the evaporation 
end of the heat pump, and then released to the con-

stant temperature water bath pot by the condensa-
tion end of the heat pump. 

Table 1. The physical meaning and formula of qi 
qi Physical meaning Formula Physical meaning of parameters in formula 

q1 Radiant heat transfer be-
tween glass cover and envi-
ronment 

𝑞𝑞1 = ℎsky�𝑡𝑡sky − 𝑡𝑡g� hsky is the radiant heat transfer coefficient between the glass cover plate 
and the environment, W/(m2·℃); tsky is the effective temperature, ℃; tg 
is the temperature of the glass cover plate, ℃ 

q2 Integrated heat transfer be-
tween glass cover and PV 
panel 

𝑞𝑞2 = ℎg,PV�𝑡𝑡pv − 𝑡𝑡g� hg,pv are the comprehensive heat transfer coefficients between the glass 
cover plate and the photovoltaic panel; tpv is the temperature of pho-
tovoltaic panel, ℃ q6 𝑞𝑞6 = ℎ𝑔𝑔,𝑃𝑃𝑃𝑃�𝑡𝑡𝑔𝑔 − 𝑡𝑡pv� 

q3 Solar radiation energy ab-
sorbed by glass cover plate 

𝑞𝑞3 = 𝐺𝐺𝛼𝛼g G is solar radiation intensity, W/m2; αg absorption rate of glass cover 
plate 

q4 Convection heat trans-
fer between glass cover plate 
and surrounding environ-
ment 

𝑞𝑞4 = ℎa�𝑡𝑡a − 𝑡𝑡g� ha is the convective heat transfer coefficient between the glass cover 
plate and the surrounding environment, W/(m2·℃); ta is the tempera-
ture of air, ℃ 

q5 Solar radiation energy ab-
sorbed by photovoltaic pan-
els 

𝑞𝑞5 = 𝐺𝐺(𝜏𝜏𝛼𝛼)pv (τα)pv is the effective absorption rate of photovoltaic panels 

q7 Heat exchange between 
photovoltaic panels and heat 
pipes 

𝑞𝑞7
= 𝑛𝑛𝑛𝑛

1
𝑅𝑅ei

�𝑡𝑡hpeva − 𝑡𝑡pv� 

n is the total number of flat plate heat pipes on the back plate of pho-
tovoltaic panel; λ is the coverage rate of heat pipe; Rei is the thermal 
resistance of heat conducting silica gel, (m2·K)/W; thpeva is the tem-
perature at the evaporation end of heat pipe, ℃ 

q8 Heat exchange between 
photovoltaic panels and the 
environment 

𝑞𝑞8
= (1
− 𝑛𝑛𝑛𝑛)ℎpv,a�𝑡𝑡𝑎𝑎 − 𝑡𝑡pv� 

hpv,a is the total heat transfer coefficient between the photovoltaic 
panel backplane and the surrounding environment, W/(m2·K) 

q9 Heat absorbed by evapora-
tion end of heat pipe 

𝑞𝑞9
= �𝑡𝑡pv − 𝑡𝑡hpeva �

𝐴𝐴hp,PV

𝑅𝑅ei
 

Ahp, pv is the contact area between each heat pipe and photovoltaic 
panel, m2 

q10 Evaporation end and cold 
end of heat pipe 𝑞𝑞10 =

𝑡𝑡hpcon − 𝑡𝑡hpeva

𝑅𝑅eva,con
 thPcon is the temperature at the condensing end of the heat pipe, ℃; Reva, 

con is the thermal resistance between the evaporating end and con-
densing end of the heat pipe, (m2·K)/W q12 Heat exchange between 

condensing ends 𝑞𝑞12 =
𝑡𝑡hpeva − 𝑡𝑡hpcon

𝑅𝑅eva,con
 

q11 Heat exchange between 
evaporation end of heat pipe 
and environment 

𝑞𝑞11
= ℎhpeva𝐴𝐴hp,pv�𝑡𝑡𝑎𝑎
− 𝑡𝑡hpeva� 

hhpeva is the heat transfer coefficient at the evaporation end of the heat 
pipe, W/(m2·K) 

q13 Condensation end and cir-
culation of heat pipe 

𝑞𝑞13
= 𝐴𝐴wℎw,con�𝑡𝑡w
− 𝑡𝑡hpcon� 

Aw is the heat exchange area between condensing end and circulating 
water, m2; hw,con is the convective heat transfer coefficient between the 
condensing end and the circulating water, W/(m2·K); tw is the average 
temperature of circulating water in the header, ℃ q15 Heat exchange of circulating 

water 
𝑞𝑞15
= 𝐴𝐴𝑤𝑤ℎ𝑤𝑤,𝑐𝑐𝑐𝑐𝑐𝑐�𝑡𝑡hpcon
− 𝑡𝑡𝑤𝑤� 

q14 Heat exchange between 
circulating water and envi-
ronment in header 

𝑞𝑞14 =
𝑡𝑡a − 𝑡𝑡w
𝑅𝑅a,w

 Ra,w is the thermal resistance between the circulating water in the 
header and the environment, (m2·K)/W 

q16 Heat collection of header 𝑞𝑞16
= 𝑞𝑞𝑚𝑚w𝑐𝑐w�𝑡𝑡w,o − 𝑡𝑡w,i� 

cw is the specific heat capacity of water in the header, J/ (kg·℃); 𝑞𝑞𝑚𝑚w 
is the mass flow of water in the header, kg/s; tw,i and tw,o are the inlet 
and outlet temperatures of water in the header respectively, ℃ 

q17 Heat exchange between 
collector tank and environ-
ment 

𝑞𝑞17 =
𝑡𝑡a − 𝑡𝑡w,t

𝑅𝑅a,wt
 tw,t is the average temperature of water in the heat collection tank, ℃;      

Ra,wt is the heat transfer resistance between the collector tank and the 
environment, (m2·K)/W 

q18 Heat collection of heat pump 𝑞𝑞18 = 𝑞𝑞𝑚𝑚r
(ℎr2 − ℎr1) 𝑞𝑞𝑚𝑚r is the mass flow of refrigerant in the heat exchange element, kg/s; 

hr1 and hr2 are the specific enthalpy of inlet and outlet of refrigerant in 
the heat exchange element, J/kg 
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According to the energy transfer model dia-
gram of the system, the mathematical model of the 
system can be established. The mathematical model 
of the new flat plate heat pipe PV/T heat pump sys-
tem is divided into two parts, namely, the mathe-
matical model of the new flat plate heat pipe PV/T 
heat collection system and the mathematical model 
of the heat pump system. 

2.3 Verification of system mathematical 
model 

Based on the experimental data measured be-
fore, this paper verifies the mathematical model of 
the new flat plate heat pipe PV/T heat pump system. 

Figure 3 shows the meteorological data on the 
day of the test. As shown in Figure 3, the average 
solar radiation intensity of the day is 778.9 W/m2, 
and the average outdoor air temperature is 31.4 ℃. 

 

Figure 3. Variation of solar radiation and ambient temperature. 

Figures 4, 5 and 6 show the comparison of 
measured and simulated values of the thermal per-
formance, electrical performance and relevant pa-
rameters of the heat pump system. It can be seen 
from Figure 4 that the simulated value of the sys-
tem thermal power is lower than the measured val-
ue before 12:00, but higher than the measured value 
after 12:00, with a deviation of -1.3%–10.2%; the 
simulated value of the thermal efficiency of the 
system has been slightly higher than the measured 
value, and the deviation between the two is -1.0%–
9.5%. It can be seen from Figure 5 that the devia-
tion between the simulated value and the measured 
value of the electric power of the system is -3.1%–
2.4%; the deviation between the simulated value 
and the measured value of the electrical efficiency 

of the system is -2.1%–5.4%. It can be seen from 
Figure 6 that the accuracy of the mathematical 
model of the heat pump system is high, and the de-
viation between the simulated and measured values 
of relevant parameters is very small. The devia-
tion between the simulated and measured values of 
COP is only -0.4%–0.5%, and the deviation be-
tween the simulated and measured values of con-
densation heat exchange and compressor power is 
-2.4%–5.1% and 1.4%–3.3% respectively. The de-
viation between the simulated value and the meas-
ured value of the mathematical model of the system 
is within a reasonable range, and the model is more 
accurate. 

3. System performance simulation 
and optimization 
3.1 System performance simulation 

Based on the verified mathematical model of 
the new flat plate heat pipe PV/T heat pump system, 
this paper simulates and analyzes the operation 
performance of the system. The meteorological data 
used in the simulation analysis is the previously 
collected measured data on December 13, 2019. In 
winter, generally, 40.0 ℃ domestic hot water can 
meet the daily needs of heat users[15], so the temper-
ature of constant temperature water bath is set to 
40.0 ℃ during simulation. 

Figure 7 shows the meteorological data on the 
day of the test. It can be seen from Figure 7 that the 
overall solar radiation intensity shows a trend of 
rising first and then declining, with an average of 
492.5 W/m2 and an average ambient temperature of 
4.8 ℃. 

 

Figure 4. Comparison of measured and simulated values of 
thermal performance. 
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Figure 5. Comparison of measured and simulated values of 
electrical performance. 

 

Figure 6. Comparison of measured and simulated values of the 
performance of heat pump system. 

 
Figure 7. Variation of solar radiation and ambient temperature. 

 

Figure 8. Variation of the thermoelectric performance. 

Figure 8 shows the thermoelectric perfor-
mance simulation results of the system. It can be 
seen from Figure 8 that the change trend of thermal 
power and thermal efficiency is similar to that of 
solar irradiation intensity, both of which show a 
trend of rising first and then declining. The maxi-
mum value of thermal power appeared at 14:00, 
which was 351.4 W, and the daily average thermal 
power was 274.5 W; the maximum thermal effi-
ciency is 48.10%, and the daily average thermal 
efficiency is 36.30%. It can also be seen from Fig-
ure 8 that the overall change trend of electric power 
also increases first and then decreases, but the 
change range is small compared with thermal power 
and thermal efficiency. The maximum value of 
electric power is 123.3 W, and the daily average 
value is 93.5 W. Due to the high temperature of 
photovoltaic panels at noon, the electrical efficiency 
is at the lowest value, so the change of electrical 
efficiency shows a downward trend first and then an 
upward trend, but the overall change is relatively 
gentle, the maximum value of electrical efficiency 
is 14.10%, and the daily average value is 12.10%. 

Figure 9 shows the simulation results of rele-
vant parameters of the heat pump system. It can be 
seen from Figure 9 that the overall change trend of 
COP, condensation heat exchange and compressor 
power is relatively flat. The daily average value of 
COP is 2.7, the daily average value of condensation 
heat exchange is 1,215.1 W, and the daily average 
value of compressor power is 577.9 W. It can be 
seen that the operation of heat pump in the whole 
day is relatively stable. The temperature of the heat 
collection tank at the evaporation side tends to de-
crease throughout the day. The initial temperature is 
set at 6.0 ℃, and the water temperature drops to the 
lowest value of 2.9 ℃ at the end of the simulation. 
It can be seen that the heat collected by the flat 
plate heat pipe PV/T heat collection system 
throughout the day does not meet the requirements 
of 40.0 ℃ constant temperature of water bath. This 
is because the capacity of the heat pump does not 
match the heat collection, resulting in insufficient 
heat collection of the flat plate heat pipe PV/T heat 
collection system. The heat pump needs to absorb 
heat from the hot water, so the water temperature 
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will be lower and lower. Therefore, under winter 
conditions, the new flat plate heat pipe PV/T heat 
collection system using a collector cannot meet the 
requirements of 40.0 ℃ constant temperature of 
water bath, and the heat collection system needs 
to be optimized. 

 

Figure 9. Variation of the performance of heat pump system. 

3.2 System performance optimization 
This paper aims to make the new flat plate heat 

pipe PV/T heat pump system designed to meet the 
domestic heat demand of heat users. In general, 
40.0 ℃ domestic hot water can meet the daily 
needs of heat users in winter. Therefore, the heat 
collection of the optimized system should make the 
temperature of the constant temperature of wa-
ter bath reach 40.0 ℃. Through the simulation and 
analysis of the system in winter, it can be seen that 
the system has not reached the expected require-
ments, so it is necessary to optimize the heat collec-
tion module of the system. 

When designing a new flat plate heat pipe 
PV/T heat pump system, the factors such as heat 
pipe spacing, circulating water flow and photovol-
taic cell coverage were simulated and optimized. 
This paper optimizes the performance of the sys-
tem by changing the number of collectors. In the 
optimization, first increase the number of collectors 
to two, but through the simulation study, it is found 
that the results do not meet the expected goal, and 
then add another collector, using three collectors in 
series, the simulation shows that the results can 
meet the requirements. 

Therefore, the optimization measure in this 
paper is to add two collectors in the heat collection 
system and adopt the mode of three collectors in 

series. The optimized simulation results are shown 
in Figure 10. 

Figure 10 shows the change curve of the 
thermoelectric performance of the optimized system. 
It can be seen from Figure 10 that the overall 
change trend of thermal power and thermal effi-
ciency after optimization is similar, both rising first 
and then declining. The maximum value of thermal 
power is 882.2 W, and the daily average value is 
654.2 W. The maximum value of thermal efficiency 
is 55.90%, and the daily average value is 35.90%. 
After optimization, compared with that before op-
timization, the thermal power is increased by 2.4 
times, and the thermal efficiency remains basically 
unchanged. It can also be seen from the figure that 
the overall trend of the optimized electric power is 
to rise first and then decline. The maximum electric 
power is 340.5 W and the daily average is 252.2 W. 
The overall trend of electric efficiency after opti-
mization is to decrease first and then increase. Con-
trary to the change trend of electric power, the low-
est value of electric efficiency is 11.90%, and the 
daily average value is 13.00%. After optimization, 
the electric power is increased by 2.7 times, and the 
electric efficiency is basically unchanged. 

 

Figure 10. Variation of thermoelectric performance after opti-
mization. 

Figure 11 shows the change curve of relevant 
parameters of the heat pump system after optimiza-
tion. It can be seen from Figure 11 that the change 
trends of compressor power, COP and condensation 
heat exchange are relatively flat. The daily average 
value of compressor power is 581.1 W, COP is 6.9, 
and the daily average value of condensation heat 
exchange is 2,432.7 W. It can be seen that the per-
formance of the heat pump has been greatly im-
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proved compared with that before optimization. The 
water temperature of the heat collection tank on the 
evaporation side generally shows a trend of rising 
first and then declining. At noon, the water temper-
ature reaches the maximum value of 9.0 ℃. During 
the period from 10:00 to 15:30, the temperature of 
the heat collection tank is higher than the initial 
temperature. It shows that the heat collection of the 
new flat plate heat pipe PV/T heat collection system 
can meet the requirements of constant temperature 
of water bath at 40.0 ℃. 

 

Figure 11. Variation of the performance of heat pump system 
after optimization. 

4. Conclusion 
In this paper, the mathematical model of a new 

flat plate heat pipe PV/T heat pump system is estab-
lished, and the model is verified by experimental 
data. Based on the verified model, the system per-
formance is simulated and optimized, and the con-
clusion is obtained. 

(1) By comparing the experimental data with 
the simulation results, the error is -3.1%–10.2%. 
The mathematical model of the new flat plate heat 
pipe PV/T heat pump system has good reliability 
and accuracy. 

(2) Under sunny conditions in winter, the daily 
average thermal power and thermal efficiency of the 
new flat plate heat pipe PV/T heat pump system are 
274.5 W and 36.30% respectively, and the daily 
average electric power and electric efficiency are 
93.5 W and 12.10% respectively. The average COP 
of the system is 2.7. 

(3) After the optimization of the system, the 
daily average thermal power and electric power 
were increased to 654.2 W and 252.2 W respective-

ly. At the same time, the performance of the heat 
pump system was also greatly improved, and its 
average COP reached 6.9. 
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ABSTRACT 
A new type of regenerative shell-and-tube heat exchanger is designed to solve the problems that the generation 

load of cogeneration units is limited by the amount of heat supply during the heating period, the peak shaving capacity 
of units decreases, and the phenomenon of wind and light abandonment in the power system is serious. Considering the 
advantages of nearly constant temperature and large potential heat release during the heat storage/release process of 
phase change materials, paraffin is selected as the phase change material, and the phase change area of the heat ex-
changer is selected as the heat exchange unit. The control variates method is used to simulate the heat storage/release 
process of the heat exchange unit according to the key factors such as the flow rate of heat transfer fluid, the thermal 
conductivity of phase change materials and the thickness of phase change layer. The results show that increasing the 
flow rate of heat transfer fluid can enhance the heat storage capacity of the heat exchange unit and shorten the complete 
melting time of phase change materials. In order to control the heat at the output end of the heat exchanger during the 
heat release process, the flow rate of heat transfer fluid should be appropriately selected; using composite materials to 
improve the thermal conductivity of phase change materials can enhance the heat transfer capacity of the heat exchange 
unit, and the average heat transfer coefficient of the heat exchange unit is more than 2 times higher than that of pure 
paraffin at the same heat transfer fluid flow rate; increasing the thickness of phase change layer can prolong the time of 
maintaining the outlet temperature of heat transfer fluid in the process of heat release. 
Keywords: Cogeneration; Phase Change Material; Numerical Simulation; Regenerative Heat Exchanger 
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1. Introduction 
The cogeneration unit adopts the operation mode of “determining 

electricity by heat” during the heating period, resulting in poor flexibil-
ity of peak load regulation, which will aggravate the phenomenon of 
wind and light abandonment in the power system. Using heat storage 
technology in the heating system to realize “thermoelectric decoupling” 
is an effective technical way to improve the load peak shaving capacity 
of cogeneration units during the heating period[1-5]. Local heat exchange 
stations generally use plate heat exchangers and shell-and-tube heat 
exchangers, without the ability to adjust the heat load. The regenerative 
heat exchanger takes the phase change material as the core, and makes 
use of its advantages such as large latent heat absorbed and released 
during the phase change process and nearly constant phase change 
temperature, so that the heat exchanger encapsulated with phase change 
material has the functions of heat storage and maintaining the stability 
of cold source outlet temperature, so as to improve the unit heat storage 
density and heat supply stability of the heat exchanger. 

Domestic and foreign scholars’ research on regenerative heat 
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exchanger mainly focuses on two parts: using CFD 
software to simulate the heat transfer characteristics 
of regenerative heat exchangers and design effec-
tive ways to enhance heat transfer; the heat transfer 
process in the simulation is verified by experiments, 
and the practical application of regenerative heat 
exchangers in cogeneration unit is studied. Wang et 
al.[6] established two kinds of shell-and-tube heat 
storage units, namely light tube and finned tube, 
analyzed the changes in heat transfer characteristics 
of phase change material after adding aluminum 
finned tubes, and found that using finned heat ex-
change tubes can shorten the complete melting and 
heat release time to 68.0% and 85.5% of that of 
light tube heat exchange units, respectively. Zhang 
and Zheng[7] studied the heat transfer behavior on 
the paraffin side of phase change material through 
experiments and found that when the heat source 
temperature is 65 ℃, the total heat storage time of 
finned tubes is 22.5% of that of smooth tubes. 
Murray and Groulx[8] used dodecanoic acid as phase 
change material to establish a shell-and-tube phase 
change heat storage unit, and studied the effect of 
the speed of heat transfer fluid on the heat storage 
and release performance. It was found that the 
melting time decreased with the increase of flow 
rate during the heat storage process, and the flow 
rate did not affect the solidification time during the 
heat release process. Liu and Groulx[9] conducted 
experimental research on a cylinder latent heat 
storage system and found that heat conduction was 
the main heat transfer mechanism at the initial stage 
of heat storage, and natural convection was domi-
nant when enough phase change material melted. 
Wang et al.[10] designed a vertical shell-and-tube 
heat storage device using erythritol as phase change 
material. The experiment shows that increasing the 
inlet temperature and mass flow of the heat transfer 
fluid during the heat storage and release process can 
significantly enhance the internal heat transfer of 
the phase change material and shorten the heat 
storage and release time. Yang et al.[11,12] proposed 
to fill the phase change material into foam metal 
copper and conduct numerical simulation of the 
heat storage system encapsulated with composite 
materials in view of the low thermal conductivity of 

phase change materials. The research shows that 
adding fins and foam metal can significantly accel-
erate the melting process and alleviate the phe-
nomenon of overheating at the top and non-melting 
at the bottom caused by natural convection. Xu et 
al.[13] added an energy storage device to the cogen-
eration unit and established a new thermoelectric 
integrated system, which realized thermoelectric 
decoupling and improved the flexibility of peak 
load regulation of the cogeneration unit. Haesel-
donckx et al.[14] proposed a scheme for the com-
bined use of multiple small-scale cogeneration de-
vices and heat storage tanks. Through simulation, it 
was found that the installation of heat storage tanks 
can prolong the service life of cogeneration devices, 
and the use of small-scale heat storage devices can 
reduce CO2 emissions to 1/3 of ordinary cogenera-
tion units. Zhang et al.[15] proposed to install heat 
storage devices in the combined electric heating 
system and wind power heating system at the same 
time, and formulate a reasonable start-up and stop 
control strategy considering the comprehensive co-
ordination of the power grid, the lagging character-
istics of the thermal parameters of the heat storage 
system and the daily regulation plan. 

The literature review found that regenerative 
heat exchangers used in the thermoelectric decou-
pling of cogeneration process can be further opti-
mized in terms of structural design and operation 
mode. Based on the existing work, this article pro-
poses a new type of regenerative shell-and-tube 
heat exchanger suitable for the heating network of 
thermal power stations, and carries out performance 
simulation research for the structure and process 
design. 

2. Design and physical model of the 
regenerative heat exchanger 

As shown in Figure 1, the regenerative heat ex-
changer is divided into the phase change zone and 
heat exchange zone by the shunt. During heat stor-
age, the hot fluid flows into the heat flow tube, and 
the heat is transferred to the phase change material 
through the wall and fins as the heat source in the 
phase change area. After the phase change material 
melts, the hot fluid flows into the heat exchange 
zone to exchange heat with the cold fluid. During 
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heat release, due to the reduction of hot fluid flow, 
the heat exchange of cold fluid in the heat exchange 
zone is insufficient, and the outlet temperature is 
lower than the solidification temperature of phase 
change material. Phase change material exchanges 
heat with cold fluid through pipe wall and fins in 
the phase change zone. Considering the heating 

temperature of the heating station, latent heat of 
phase change material, thermal conductivity, chem-
ical stability, whether it is non-toxic, corrosive, 
cheap and easy to obtain and easy to package, par-
affin is selected as the phase change material of the 
heat storage heat exchanger. 

 

Figure 1. Schematic diagram of the regenerative heat exchanger. 

Take the partial structure of the phase change 
zone of the regenerative heat exchanger to establish 
the regenerative heat exchange unit, as shown in 
Figure 2(a). The outer annular ribs of the circular 
tube wall are arranged parallel to the upper end face 
and the bottom face with unequal spacing[16], and 
the closer to the inlet end of the heat fluid, the 
greater the spacing of the adjacent fins. In the tradi-
tional equidistant rib heat accumulator, due to that 
the heat transfer temperature difference along the 
flow direction of high-temperature heat transfer 
fluid is becoming smaller and smaller in the heat 
storage process, the phase change material in the 
inlet section is easy to overheat, the phase change 
material in the outlet section cannot be completely 
melted, and the overall utilization rate of phase 
change material is low. The resulting uneven distri-
bution of temperature and thermal stress reduces the 

service life of phase change material and container 
material. The arrangement of ribs with unequal 
spacing is adopted to make the overall heat ex-
change temperature difference of the heat exchange 
unit close, and the heat exchange effect is uniform, 
so as to alleviate the overheating of the phase 
change material at the inlet of the hot fluid, reduce 
the local overheating of the phase change material 
and the excessive thermal stress of the heat storage 
container, and improve the overall utilization rate of 
the phase change material. According to the adia-
batic characteristics of the symmetrical boundary, 
the intercepted regenerative heat exchange unit is a 
regular hexagonal prism. Considering the periodic-
ity of the equipment, the interaction between the 
unit structure and the heat storage unit in the direc-
tion of gravity, the 1/6 structure of the intercepted 
heat exchange unit is taken as the simulation calcu-
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lation domain. As shown in Figure 2(b), in the cen-
tral 1/6 cylinder is the heat transfer fluid, and the 
phase change material is stored between the two 
adjacent ribs. In the process of heat stor-
age/release, because the thermal resistance of the 

circular tube wall is much smaller than that of the 
phase change material, the thickness of the circular 
tube wall is ignored to simplify the structure of the 
heat exchange unit and the complexity of the simu-
lation operation. 

 

Figure 2. Schematic diagram of the regenerative heat transfer unit. 

Table 1. Material physical properties of the heat transfer unit[17] 
 Density/(kg·m–3) Specific heat capac-

ity/(J·kg–1·K–1) 
Thermal conduc-
tivity/(W·m–1·K–1) 

Latent heat of 
phase 
change/(kJ·kg–1) 

Dynamic viscosi-
ty/(kg·m–1·s–1) 

Phase change 
material 

760 2,100.00 0.25 170 0.00324 

Water 1,000 4,182.00 0.60 - 0.00100 
Rib 2,179 871.00 202.40 - - 
Side plate 8,030 502.48 16.27 - - 
 

The regenerative heat exchanger designed in 
this article is mainly used in the secondary heat 
supply network heater. When the heat is sufficient, 
the phase change material absorbs the heat of the 
primary heat supply network water for heat storage; 
when peak shaving is required, the phase change 
material releases heat to maintain the water outlet 
temperature of the secondary heat supply network. 
The phase change material selected in the simula-
tion is paraffin, the heat transfer fluid is tap water, 
the installed annular rib is aluminum rib, and the 
side plate is steel. The physical parameters are 
shown in Table 1. 

3. Mathematical model 
3.1. Numerical methods and control equa-

tions 
The phase change regenerative heat exchange 

unit is established, and the unsteady phase change 
heat transfer is simulated by FLUENT software. 
The solidification and melting processes of the heat 
storage medium are simulated mainly by using the 
solidation/melting model, VOF method and “en-
thalpy porosity” model. The porosity is used to 
represent the volume share of liquid phase material 
in the calculation domain, and the porosity is 1 
when it is completely melted. The enthalpy method 
model is used to calculate, and the continuity equa-
tion, momentum equation and energy equation are 
solved to track the phase interface. In order to sim-
plify the calculation, assumptions are made for the 
model: (1) the paraffin filled into the heat exchange 
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unit is evenly distributed and isotropic; (2) the den-
sity of paraffin phase change material is constant 
and does not change with temperature. Both solid 
and liquid paraffin are considered as constant phys-
ical properties; (3) paraffin, cold and hot fluids have 
no axial heat conduction; (4) ignoring the natural 
convection of paraffin in the process of heat stor-
age/release; (5) paraffin does not have supercooling 
and overheating during solid-liquid phase transition; 
(6) neglecting viscous dissipation effect; (7) there is 
no internal heat source and internal heat sink. 

According to the assumption, the control equa-
tions of the regenerative heat exchange unit are as 
follows. 

Continuity equation: 
∇(𝜌𝜌𝜌𝜌) = 0 

(1) 
Momentum equation: 

𝜕𝜕(𝜌𝜌𝜌𝜌)
𝜕𝜕𝜕𝜕

+ ∇(𝜌𝜌𝜌𝜌𝜌𝜌) = −∇𝑝𝑝 + ∇(𝜇𝜇𝜌𝜌) 

(2) 
Energy equation: 

𝜌𝜌
𝜕𝜕ℎ𝑖𝑖
𝜕𝜕𝜕𝜕

= 𝜆𝜆∇2𝑇𝑇 

(3) 
Where 

ℎ𝑖𝑖 = ℎ+ 𝛥𝛥ℎ𝑖𝑖 
(4) 

ℎ = ℎref + � 𝑐𝑐𝑝𝑝
𝑇𝑇

𝑇𝑇ref 

d𝑇𝑇 

(5) 
𝛥𝛥ℎ𝑖𝑖 = 𝜑𝜑𝜑𝜑 

(6) 
In equtations (1)–(6): ρ is the density, kg/m3; V 

is the material flow rate, m/s; T is the temperature, 
K; t is the occurrence time of phase transition, s; p 
is pressure, N/m2; μ is the dynamic viscosity, 
kg/(m·s); λ is the thermal conductivity, W/(m·K); hi 
is the specific enthalpy of the material at any time, 
J/kg; href is the initial specific enthalpy, J/kg; Tref is 
the initial temperature, K; cp is the specific constant 
pressure heat capacity, J/(kg·K); L is the latent heat 
of phase transition, J/kg; φ is the volume fraction of 
liquid phase, specifically defined as 

 

(7) 
Where: Ts is the melting point of the material, 

K; Tl is the freezing point of the material, K. 

3.2 Boundary conditions and initial condi-
tions 

In the simulation of heat storage shell-and-tube 
heat exchange unit, during heat storage, the in-
let boundary condition of water is velocity in-
let boundary condition; the velocity is 0.300 m/s, 
the turbulence intensity is 4.67%, the hydraulic di-
ameter is 0.02 m, and the inlet temperature is 
363.15 K; during heat release, the flow rate of water 
is 0.030 m/s, and the inlet temperature is 293.15 K. 

The initial conditions are as follows: setting 
the temperature of paraffin and ribs at 324.15 K 
during heat storage; setting the temperature of par-
affin and ribs at 330.15K during heat release. 

3.3 Model validation 
In this article, the heat storage experiment of 

the tube-rib phase change regenerator in [7] is se-
lected for simulation verification. The temperature 
of the heat transfer fluid is 338.15 K, and the initial 
temperature of paraffin and ribs is 298.15K. The 
temperatures of the experimental measurement 
points R2 and R3 are selected as the simulation 
monitoring values, and the influence of natural 
convection is ignored in the simulation. Figure 3 
shows the curve of the simulated value and the ex-
perimental measured value of the temperature of 
tube-rib phase change accumulator points R2 and 
R3 calculated by the numerical model with time, as 
shown in Figure 3, the relative error between the 
simulated calculation results and the experimental 
results is less than 5%, and the change trend of the 
simulated value and the experimental measured 
value is basically consistent, which verifies the ac-
curacy of the numerical model selected in this arti-
cle. The grid sensitivity test is carried out for the 
exothermic process of the regenerative heat ex-
change unit. Figure 4 shows the time-varying curve 
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of the liquid volume fraction of phase change mate-
rial in the exothermic process. From Figure 4, we 
can see 7.0611 × 105 is the optimal grid number. 

 

Figure 3. Comparison of the experimental results and numerical 
simulation results. 

 

Figure 4. Results of the grids sensitivity test. 

 

Figure 7. Variations of average temperature of paraffin and 
liquid phase volume fraction with time. 

4. Results and discussion 
Using FLUENT software and single variable 

method, the heat transfer characteristics of heat ex-

change unit under different working conditions are 
simulated by changing the flow rate of heat transfer 
fluid, the thermal conductivity of phase change ma-
terials and the structural size of equipment. 

4.1 Simulation of heat storage/release pro-
cess of heat exchange unit 

In the process of heat storage, as shown in 
Figures 5 and 6, the inlet temperature of the heat 
transfer fluid is 363.15 K and the speed is 0.300 m/s. 
It flows in the circular tube from top to bottom and 
releases heat to the phase change area. The phase 
change layer is heated and melted, the solid-liquid 
phase change interface moves to the backheat area, 
and the temperature and volume integral number of 
the liquid paraffin continue to rise. With the con-
tinuous enlargement of the liquid phase area of par-
affin and the continuous increase of temperature, 
the heat transfer temperature difference between 
paraffin and hot fluid decreases, the heat transfer 
intensity decreases, and the volume fraction of liq-
uid paraffin and the temperature rise rate decrease, 
as shown in Figure 7. Until the paraffin is com-
pletely melted, the total heat storage capacity of the 
heat storage and heat exchange unit is 255.01 kJ. 

During the exothermic process, the inlet tem-
perature of the cold fluid is 293.15 K, and the flow 
rate is 0.030 m/s. As shown in Figures 8 and 9, the 
paraffin solidification releases the latent heat of 
phase change, and the temperature gradually de-
creases. Due to the enhanced heat transfer effect of 
the fins, the solidification process of the liquid par-
affin near the fins progresses rapidly. As can be 
seen from Figure 10, with the passage of time, the 
cold fluid continuously absorbs heat, the average 
outlet temperature increases, and the maximum 
temperature reaches 307.14 K; then the solidifica-
tion process advances, and the solid-liquid phase 
transition interface moves away from the cold fluid 
until the paraffin is completely solidified, and the 
average outlet temperature of the cold fluid drops to 
the initial temperature. 
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Figure 5. Temperature nephogram of heat transfer unit. 

 

Figure 6. Liquid phase volume fraction nephogram of paraffin. 

 

Figure 8. Temperature cloud diagram of heat exchange unit. 

 
Figure 9. Liquid phase volume fraction nephogram of paraffin. 
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Figure 10. Variations of heat transfer fluid facet average tem-
perature and paraffin liquid phase volume fraction with time. 

 

Figure 11. Variations of paraffin liquid volume fraction with 
different heat transfer fluid velocity. 

 

Figure 12. Variations of paraffin average volume temperature 
with different heat transfer fluid velocity. 

4.2 Effect of heat transfer fluid flow rate on 
heat transfer capacity of heat exchange unit 

Figure 11 shows that the flow rate of heat 
transfer fluid has a great influence on the heat stor-
age process. The faster the flow rate of heat transfer 
fluid, the shorter the time required for the complete 
melting of paraffin. The time required for the com-
plete melting of paraffin at the flow rate of 0.300 
and 0.030 m/s is 0.32 and 0.53 times that at the flow 

rate of 0.003 m/s, respectively. 
It can be seen from Figure 12 that at the initial 

stage of heat storage, the exothermic temperature of 
hot fluid decreases, the heat absorption temperature 
of paraffin melting rises, the heat transfer tempera-
ture difference between the two gradually decreases, 
and the temperature rise rate of paraffin gradually 
decreases; with the expansion of the liquid region, 
the effect of the increase of the temperature in the 
liquid region on the increase of the average temper-
ature rise rate in the phase change region is more 
than that of the decrease of the heat transfer tem-
perature difference on the inhibition of the average 
temperature rise rate in the phase change region, 
and the temperature rise rate of paraffin gradually 
increases; finally, when the temperature differ-
ence between paraffin and heat transfer fluid is 
small enough, the temperature rise rate of paraffin 
decreases further. 

 

Figure 13. Variations of heat transfer fluid facet average tem-
perature with different velocity. 

During the heat release process, the average 
outlet temperature of the heat transfer fluid is 
greatly affected by the fluid flow rate, and the outlet 
temperature increases with the decrease of the fluid 
flow rate, as shown in Figure 13. When the flow 
rate is 0.003 m/s, the maximum temperature rise of 
the heat transfer fluid is 5.79 times that of 0.300 m/s. 
Because the lower the flow rate of heat transfer flu-
id, the longer the heat absorption time in the heat 
exchange unit, and the problem of reducing the 
mass flow of fluid and the total heat provided by the 
output end of the heat exchanger, it is necessary to 
reasonably select the flow rate of heat transfer fluid 
according to the actual situation to ensure the opti-
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mization of system performance. 
Figure 14 shows that the paraffin solidifica-

tion process is greatly affected by the flow rate of 
heat transfer fluid. It can increase the average outlet 
temperature by reducing the fluid speed, but the 
heat carried by the cold fluid decreases at the same 
time. As the reduction of heat transfer temperature 
difference and convective heat transfer coefficient 
weakens the heat transfer capacity of the heat ex-
change unit, the paraffin solidification process 
slows down and the released latent heat decreases. 

 
Figure 14. Variations of paraffin liquid volume fraction with 
different heat transfer fluid velocity. 

 
Figure 15. Variations of paraffin liquid volume fraction. 

4.3 Effect of thermal conductivity of phase 
change material on heat transfer capacity of 
heat exchange unit 

It can be seen from section 4.2 that the heat 
transfer fluid can get a good temperature rise only 
under the condition of low flow rate in the process 
of heat release, which is unrealistic in actual work-
ing conditions. The composite material of expanded 

graphite and paraffin in document[18] is selected as 
the heat storage medium, and the thermal conduc-
tivity is increased from 0.25 of pure paraffin to 3.20 
W/(m·K). 

 
Figure 16. Variations of paraffin average volume temperature. 

In the process of heat storage, three different 
flow rates are selected at the inlet of the heat trans-
fer fluid: 0.030, 0.100 and 0.300 m/s. It can be seen 
from Figures 15 and 16 that the completion time of 
the heat storage process of the heat exchange unit 
installed with composite materials at the same flow 
rate is much shorter than that of the pure paraffin 
heat exchange unit. In the three working conditions 
with flow rates of 0.030, 0.100 and 0.300 m/s, the 
time for the complete melting of the composite is 
0.46, 0.40 and 0.33 times that of pure paraffin, re-
spectively. 

 
Figure 17. Variations of heat transfer fluid facet average tem-
perature. 

It can be seen from Figure 17 that in the early 
stage of the heat release process, under the same 
flow rate and time, the average temperature of the 
heat transfer fluid outlet under the condition of high 
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thermal conductivity is higher than that under the 
condition of low thermal conductivity。 In the three 
working conditions of flow rate of 0.030, 0.100 and 
0.30 m/s, the maximum outlet temperature of the 
heat exchange unit installed with composite materi-
al is 6.50, 6.70 and 6.40 K higher than that installed 
with pure paraffin. With the advance of the exo-
thermic process, the phase change material with 
high thermal conductivity solidifies rapidly, the 
solid layer thickens, the heat transfer resistance in-
creases, the heat transfer temperature difference 
decreases, and the heat flow decreases due to the 
depletion of phase change latent heat. At the same 
flow rate and time, the average outlet temperature 
of the heat transfer fluid is gradually lower than that 
of pure paraffin. 

 

Figure 18. Variations of paraffin liquid volume fraction. 

Figure 18 shows the change trend of paraffin 
liquid volume fraction during the exothermic pro-
cess. It can be seen from Figure 18 that phase 
change material with high thermal conductivity so-
lidifies faster at the same flow rate and time. Use 
equations (8)–(10) to calculate the average heat 
transfer coefficient of the regenerative heat ex-
change unit. 

�̇�𝑄 = 𝑐𝑐p∆𝑇𝑇� + 𝑚𝑚p∆𝜑𝜑 
(8) 

𝑞𝑞 = 𝑄𝑄/∆𝜕𝜕 
(9) 

𝑞𝑞 = 𝑘𝑘�∆𝑇𝑇𝑚𝑚𝐴𝐴 
(10) 

Where: �̇�𝒬 is the heat release of the heat ex-
change unit in the calculation period, kJ/kg; 𝑐𝑐 is 

the specific heat capacity of paraffin, kJ/(kg·K); mp 
is the mass of paraffin, kg; 𝑇𝑇� is the average heat 
exchange temperature difference of paraffin, K; ∆𝜑𝜑 
is the latent heat released during paraffin solidifica-
tion, kJ/kg; ∆𝜕𝜕 is the time interval, s; 𝑘𝑘 is the av-
erage heat transfer coefficient of the heat exchange 
unit, W/(m2·K); ∆𝑇𝑇𝑚𝑚 is the average heat exchange 
temperature difference, K; A is the area of heat ex-
change surface, 𝑘𝑘�. 

In the calculation, the time of completing the 
solidification process is rounded, and the maximum 
error is 2.0 min. After calculation, the average heat 
transfer coefficient of the heat exchange unit with 
composite material is more than twice that of the 
heat exchange unit with pure paraffin at the same 
flow rate. 

4.4 Effect of phase change layer thickness on 
heat transfer capacity of the heat exchange 
unit 

Improving the thermal conductivity of phase 
change material plays a great role in strengthening 
the heat transfer capacity of the heat exchange 
unit, but in the process of heat release, the solidifi-
cation of phase change material is too fast, resulting 
in the decrease of heat output at the outlet of heat 
transfer fluid.  

 
Figure 19. Variations of heat transfer fluid facet average tem-
perature. 

As shown in Figure 19, considering the heat 
supply quality at the outlet of the heat exchange 
unit, the heat transfer fluid flow rate of 0.030 m/s 
and the thermal conductivity of phase change mate-
rial of 3.20 W/(m·K) are selected to simulate the 
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heat release process. The results show that the 
thickness of the phase change layer has little effect 
on the heating stage of heat transfer fluid; in the 
cooling stage, the greater the thickness of the phase 
change layer, the more latent heat of phase change 
that can be provided to the heat transfer fluid, and 
the slower the temperature decay of the heat trans-
fer fluid. For heat exchange units with phase change 
layers of 10, 20 and 30 mm, the average tempera-
ture of the heat transfer fluid outlet is maintained 
above 315.00 K for 9.5, 20.3 and 38.7 minutes re-
spectively, effectively ensuring the heating quality 
of the output end of the regenerative heat exchang-
er. 

5. Conclusion 
In this article, a regenerative shell-and-tube 

heat exchanger is designed. In order to alleviate the 
uneven heat exchange temperature difference of the 
traditional equidistant rib structure heat exchanger 
and the high thermal stress of the heat storage con-
tainer, the unequal spacing rib arrangement struc-
ture is adopted, the phase change area of the heat 
exchanger is selected as the heat exchange unit, and 
the control variates method is used to discuss the 
heat transfer characteristics of the heat exchange 
unit and draw a conclusion. 

(1) The velocity of heat transfer fluid has a 
great influence on the heat storage process. The 
faster the velocity of heat transfer fluid is, the 
shorter the time for paraffin to melt completely. 

(2) Improving the thermal conductivity of 
phase change materials plays a great role in 
strengthening the heat transfer capacity of the heat 
exchange unit. Under the three working conditions 
of flow velocity of 0.030, 0.100 and 0.300 m/s, the 
time of complete melting of the composite is 0.46, 
0.40 and 0.33 times that of pure paraffin respec-
tively; at the same flow rate in the exothermic pro-
cess, the average heat transfer coefficient of the heat 
exchange unit with composite material is more than 
2 times higher than that with pure paraffin. 

(3) Increasing the thickness of the phase 
change layer can prolong the maintenance time of 
the average outlet temperature of the heat transfer 
fluid, and effectively ensure the heating quality in 

the process of heat release. 
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ABSTRACT 
In order to study the influence of the corrugated angle and width of enamel heat storage element on the flow and 

heat transfer performance, a certain enamel heat storage element was numerically simulated by FLUENT software, and 
the variation curves of internal flow field velocity, temperature distribution, Nusselt number and drag coefficient with 
Reynolds number were obtained when the corrugated angle and width of the heat storage element were different. The 
simulation results show that when the ripple inclination increases from 20° to 60°, the resistance coefficient of the heat 
storage element increases, and the Nusselt number increases, and the increase of the resistance coefficient is greater 
than that of the Nusselt number; when the ripple width increases from 6 mm to 10 mm, the increase of resistance coeffi-
cient is small, and the increase of Nusselt number is large. 
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1. Introduction 
Rotary air preheater is a kind of heat exchange device, which is 

widely used in thermal power plants. Its core component is the heat 
storage elements arranged in the rotor. The flow and heat transfer char-
acteristics of the heat storage elements determine whether the rotary air 
preheater can operate safely and efficiently[1,2]. Therefore, studying the 
heat transfer and resistance characteristics of heat storage elements and 
the distribution of internal temperature field under different structural 
parameters is of great significance to improve the flow and heat transfer 
performance of rotary air preheater and ensure the safe and efficient 
operation of boiler. Scholars at home and abroad have studied the flow 
and heat transfer performance of heat storage elements. Wang[3] found 
that controlling the frictional resistance along the way is the key to re-
ducing the flow resistance of heat storage elements through a 
large-scale hot air tunnel experimental system. Chi[4] proposed a 
scheme to measure the temperature of the low-temperature heating sur-
face of the rotary air preheater. Mohammed[5] found that the effect of 
convective heat transfer can be enhanced by adding ripple to the heat 
storage element. Focke[6] found that when the corrugation angle is large, 
the increase of the corrugation angle is small, and the increase of the 
convection heat transfer coefficient is small. Yang[7] conducted enamel 
transformation on the heat storage element and found that the compre-
hensive convective heat transfer performance was significantly im-
proved. 
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This paper studies the heat storage elements 
with different corrugated structure parameters by 
numerical simulation, analyzes the temperature and 
velocity distribution of the internal flow field, and 
obtains the influence of the corrugated inclination 
and width on the flow and heat transfer perfor-
mance of the heat storage elements. 

2. Numerical simulation 
2.1 Rotary air preheater 

Rotary air preheater is mainly composed of 
rotor, heat transfer element, shell, beam, sector plate 
and sealing device[8]. The boiler flue gas flows in 
through the flue gas channel from top to bottom, 
and the air flows out of the primary air and second-
ary air outlets from bottom to top. Each revolution 
of the rotor, the heat storage element absorbs and 
releases heat once[9,10]. There are two 30° transition 
zones in the rotor, in which neither flue gas nor air 
passes through, which plays the role of separating 
flue gas and air. The structure is shown in Figure 1. 

 
Figure 1. Structure of rotary air preheater. 

2.2 Simulation objects and model assump-
tions 
2.2.1 Simulation object 

The simulation object is an enamel heat stor-
age element, the structure is shown in Figure 2, and 
the structural parameters are shown in Table 1. 

 
Figure 2. Structure of enamel heat storage element. 

Table 1. Structural parameters of heat storage elements 
Plate thick-
ness δ/mm 

Equivalent di-
ameter d/mm Span t/mm Ripple gap 

c/mm Surface density/m-1 Corrugated plate corru-
gated wave height a/mm 

Ripple width of corru-
gated plate b/mm 

1.15 12.54 65.9 5.3 398.8 3.03 8 

Table 2. Structural parameters for different inclination of corrugation 
Corrugation inclination θ/(°) Equivalent diameter D/mm Ripple axial pitch s/mm 
20 12.48 8.62 
30 12.54 9.35 
40 12.60 10.51 
50 12.64 12.6 
60 12.75 16.2 
70 12.27 23.68 

Table 3. Structural parameters for different ripple width 
Ripple width b/mm Equivalent diameter D/mm Ripple axial pitch s/mm 
6 12.27 12.1 
7 12.53 14.3 
8 12.75 16.2 
9 12.9 18.1 
10 13 20.4 
 

Under the condition that the ripple width and 
height of the heat storage element remain un-
changed, change the ripple inclination angle to 20°, 

30°, 40°, 50°, 60° and 70° in turn, and the changed 
structural parameters are shown in Table 2.  

When the corrugation angle of the heat storage 
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element is 60° and the height remains unchanged, 
the corrugation width is changed to 6, 7, 8, 9 and 10 
mm in turn. The changed structural parameters are 
shown in Table 3.  

When changing the ripple parameters, the 
equivalent diameter of the heat storage channel will 
change, and the calculation formula[11] is: 

 
(1) 

Where: A—sectional area of flow channel be-
tween corrugated plate and flat plate of heat storage 
element, mm2; L—wet perimeter of flow chan-
nel between corrugated plate and flat plate of heat 
storage element, mm. 

2.2.2 Model assumptions and simplification 
For the convenience of numerical simulation, 

the following assumptions and simplifications are 
made: 

Because the internal structure of the heat stor-
age element is complex, and the waveform changes 
periodically. Therefore, a flow unit of heat storage 
element is taken as the research object[12]; the wall 
thickness of heat storage element is 0[13]; air is re-
garded as compressible Newtonian fluid; the heat 
storage element is simplified into a constant wall 
temperature model; the length of the heat storage 
element is 500 mm (the inlet effect can be ig-
nored)[14]. 

2.3 Physical model and boundary conditions 
2.3.1 Physical model and grid division 

The required model is established in CREO 
software, tetrahedral mesh division is adopted for 
all plate heat storage elements, and an expansion 
layer is set near the wall to solve the high gradient 
flow change and complex physical characteristics 
near the wall. When the inclination is 20°, the 
number of grid units is 1.1962 million, when the 
inclination is 50°, the number of grid units is 1.097 
million, and when the inclination is 70°, the number 
of grid units is 1.054 million, which has passed the 
verification of grid independence. The grid division 
is shown in Figure 3. 

 
Figure 3. Grid division. 

2.3.2 Boundary conditions and model set-
tings 

Fluent software is used for three-dimensional 
numerical simulation, using mass conservation 
equation, momentum conservation equation, and 
slip free boundary conditions. The inlet temperature 
is 293 K, the wall temperature is 373 K, and air is 
used as the flowing medium (density ρ 1.225 kg/m3, 
dynamic viscosity μ is 1.75 × 10-5 Pa·s, thermal 
conductivity λ is 0.0242 W/(m·K)), and other pa-
rameter settings are shown in Table 4. 

Table 4. Parameter settings 
Parameter Settings 
Viscous model k-ε Model 
Near wall treatment Enhanced wall treatment 
Pressure velocity coupling Simple format 
Discretization of momentum equation 
and energy equation 

Quick format 

Wall thermal boundary condition Constant temperature 
Inlet boundary conditions Speed inlet 
Exit boundary conditions Free outflow 

2.3.3 Evaluation method 
The flow and heat transfer performance of the 

regenerative element of the rotary air preheater 
mainly depends on the resistance coefficient and 
convection heat transfer coefficient between the 
medium and the regenerative plate[15]. The greater 
the resistance coefficient is, the worse the flow per-
formance of the heat storage element will be. The 
convective heat transfer coefficient of the heat 
storage element refers to the heat transfer capaci-
ty between the air and the surface of the heat stor-
age element. The higher the value, the better the 
heat transfer performance of the heat storage ele-
ment. Further, the variation law of Nusselt number 
Nu with Reynolds number Re can be used to indi-
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cate the intensity of convective heat transfer of the 
heat storage element[16,17]. The resistance coeffi-
cient[18] is: 

𝑓𝑓 =
2𝑑𝑑∆𝑝𝑝
𝑙𝑙𝑙𝑙𝑣𝑣2

 

(2) 
Where: Δp—frictional resistance of air flowing 

through the heat storage element, Pa; ρ—air density, 
kg/m3; v—actual flow speed of air flowing through 
the element, m/s; d—equivalent diameter of heat 
storage element, m; l—length of heat storage ele-
ment, m. 

The Nusselt number formula[19] is: 

𝑁𝑁𝑁𝑁 =
𝑎𝑎𝑑𝑑dl
𝜆𝜆

 

(3) 
Where: а—Convective heat transfer coeffi-

cient, W/(m2·K); ddl—equivalent diameter of heat 
storage element, m; λ—Thermal conductivity of 
fluid medium, W/(m·K). 

Reynolds number is calculated as: 

𝑅𝑅𝑅𝑅 =
𝑙𝑙𝑣𝑣𝑑𝑑
𝜇𝜇

 

(4) 
Where: v—actual flow speed of air flowing 

through the flow channel of the element, m/s; 
μ—Dynamic viscosity of air, Pa·s. 

3. Results and analysis 
3.1 Influence of corrugation angle 
3.1.1 Velocity nephogram 

When the inlet wind speed is 10 m/s, the outlet 
velocity nephogram of the heat storage element 
with the wavy inclination of 20°, 30°, 40°, 50°, 60° 
and 70° is shown in Figure 4. 

It can be seen from Figure 4 that the maxi-
mum speed at the outlet of the heat storage channel 
is the maximum when the ripple angle is 20°, and 
the value is 31.118 m/s. The maximum speed at the 
outlet of the heat storage channel with the ripple 
angle of 70° is the minimum, and the value is 
17.539 m/s. According to the report function in 
Figure 4 in fluent software, the average speed at the 
outlet of 20°−70° heat storage channel is 10.48, 
10.09, 10.05, 9.91, 9.87 and 9.99 m/s respectively.  

 

 

 
Figure 4. Contour of outlet velocity of thermal storage element. 

When the ripple angle increases from 20° to 60°, 
the average speed at the outlet of heat storage 
channel decreases in turn. With the increase of cor-
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rugation angle, the number of oblique corrugations 
decreases, the resistance of heat storage channel to 
air decreases, and the speed gradually decreases. 
The corrugated channel of the 70° corrugated heat 
storage element is narrow and close to vertical, and 
part of the air flows directly from the channel, so 
the speed increases. 

3.1.2 Temperature nephogram 
When the inlet wind speed is 10 m/s, the tem-

perature nephogram at the inlet of the heat storage 
channel with different corrugated inclination is 
shown in Figure 5. 

Using the report function in Figure 5 in fluent 
software, the average temperature at the 16 mm 
section at the inlet of the heat storage element with 
a ripple inclination of 20°−70° is 318.84, 319.90, 
320.75, 321.68, 323.58 and 320.10 K respectively. 
The heat exchange performance of the heat storage 
element is the best when the ripple angle is 60°, and 
the worst when the ripple angle is 20°. When the 
wavy angle is 20°, the disturbance in the direction 
of temperature gradient is very small, and there is 
not enough convective heat transfer between the air 
and the wall. When the corrugated angle is 60°, the 
contact area between the air and the heat storage 
element is the largest, which is conducive to en-
hancing convective heat transfer. 

 
Figure 5. Temperature contour at 16 mm from the inlet of 
thermal storage element. 

3.2 Influence of ripple width 
3.2.1 Velocity nephogram 

When the inlet wind speed is 10 m/s, the ripple 
angle is 60°, and the outlet velocity nephogram of 
the heat storage channel when the ripple width is 
6, 7, 8, 9 and 10 mm is shown in Figure 6 respec-
tively. 

It can be seen from Figure 6 that with the in-
crease of ripple width, the outlet velocity of the heat 
storage channel increases. When the ripple width is 
6−10 mm, the average velocity of the outlet section 
of the heat storage channel is 9.48, 9.64, 9.87, 9.98 
and 10.01 m/s respectively. 

 

 

 
Figure 6. Contour of lateral velocity at the outlet of thermal 
storage element. 
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When the ripple width is 10 mm, the outlet 
speed of the heat storage channel is the highest, be-
cause the heat transfer effect is good, the air volume 
expands more, and the cross-sectional flow rate in-
creases. According to the field synergy theory[20], 
compared with other ripple widths, the velocity 
field and temperature gradient field of the 10 mm 
width heat storage element have better coherence 
and stronger convective heat transfer performance. 

3.2.2 Temperature nephogram 
When the inlet wind speed is 10 m/s, the cor-

rugated angle is 60°, and the corrugated width of 
the heat storage element is 6, 7, 8, 9 and 10 mm, the 
14 mm temperature cloud diagram at the inlet of the 
heat storage channel is shown in Figure 7. 

 
Figure 7. Temperature contour at 14 mm of the inlet of thermal 
storage element. 

In fluent software, using the report function in 
Figure 7, the average temperature at the 14 mm 
section at the inlet of the heat storage channel with 
a ripple width of 6, 7, 8, 9 and 10 mm is 316.80, 
318.78, 319.00, 319.44 and 319.75 K respectively. 
When the ripple width is 10 mm, the heat exchange 
performance of the heat storage element is the best, 
and the heat exchange performance of the 6 mm 
heat storage element is the worst. Increasing the 
ripple width can increase the contact area between 
air and heat storage elements, which is conducive to 
enhancing convective heat transfer. 

4. Heat transfer and flow charac-
teristics 

4.1 Influence of corrugation angle on heat 
transfer coefficient and resistance coefficient 

Numerical simulation is carried out by chang-
ing the inlet velocity of the heat storage element 
with a corrugated inclination of 20°−70°. Then use 
the report function in fluent software to obtain the 
parameters such as pressure loss and convective 
heat transfer coefficient of all heat storage elements. 

The variation of resistance coefficient of heat 
storage elements with different corrugated inclina-
tion with Reynolds number is shown in Figure 8. It 
can be seen from Figure 8 that the resistance coef-
ficient of heat storage elements with different cor-
rugated angles decreases with the increase of Reyn-
olds number. When the corrugated angle is 20°−60°, 
the resistance coefficient of heat storage elements 
increases with the increase of the degree of corru-
gated angle, of which 40° and 50° increase rela-
tively more. The drag coefficient decreases when 
the ripple angle is 70° compared with 60°, less at 
low Reynolds number and more at high Reynolds 
number. When the corrugated angle is 70°, the in-
ternal structure of the heat storage channel is not 
easy to cause air vortex, and the local pressure loss 
is small. Therefore, the resistance coefficient is re-
duced. The flow performance of the heat storage 
element is the best when the ripple angle is 20° and 
the worst when it is 60°. Comparing Figure 8 with 
moody figure, the results are consistent, which 
proves that the results are reliable. 

 
Figure 8. Relationship between resistance coefficient and cor-
rugation angle. 

The variation of Nusselt number with Reyn-
olds number of heat storage elements with different 
corrugated inclination is shown in Figure 9. It 
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can be seen from Figure 9 that the Nusselt number 
of heat storage elements with different corrugated 
inclination increases with the increase of Reynolds 
number. When the corrugated inclination is 20°−60°, 
with the increase of the degree of corrugated incli-
nation, the Nusselt number of heat storage elements 
increases and the convective heat transfer perfor-
mance improves. Taking the working condition of 
inlet speed of 10 m/s as an example, compared with 
20°, the Nusselt number of 30°−70° corrugated heat 
storage elements increases by 1.22%, 5.01%, 8.62%, 
12.37% and 2.33% respectively. When the corru-
gated angle is 70°, part of the air flows directly 
from the heat storage channel, with less heat ex-
change, so the Nusselt number increases less. The 
heat transfer performance is the best when the wavy 
angle is 60°. The wavy angle is more conducive to 
the disturbance of the air, making the boundary lay-
er smaller and the heat transfer more sufficient. 

 
Figure 9. Relationship between Nusselt number and corrugation 
angle. 

4.2 Effect of ripple width on heat transfer 
coefficient and resistance coefficient 

Change the inlet velocity of heat storage ele-
ments with different ripple widths, and conduct 
numerical simulation respectively. The change of 
resistance coefficient of heat storage elements with 
different ripple widths with Reynolds number is 
shown in Figure 10. It can be seen from Figure 10 
that the resistance coefficient of the heat storage 
element increases with the increase of the ripple 
width. Taking the inlet speed of 10 m/s as an exam-
ple, compared with the ripple width of 6 mm, the 
resistance coefficient of 10 mm heat storage ele-
ment increases by only 0.83%, indicating that the 

ripple width has little effect on the flow resistance 
of heat storage element. 

 
Figure 10. Relationship between resistance coefficient and 
ripple width. 

The relationship between Nusselt number and 
Reynolds number of heat storage elements with 
different ripple widths is shown in Figure 11. It 
can be seen from Figure 11 that with the increase of 
ripple width, the Nusselt number of heat storage 
elements increases, especially when it increases 
from 6 mm to 7 mm, an increase of 23.9%. 

 
Figure 11. Relationship between Nusselt number and ripple 
width. 

4.3 Numerical simulation reliability verifica-
tion 

In order to verify the reliability of the numeri-
cal simulation, the simulation results are compared 
with the simulation experimental results in litera-
ture[12]. When the ripple angle increases from 15° to 
60°, the resistance coefficient increases and the 
Nusselt number increases. The simulation results 
are basically consistent with this paper, indicating 
that the conclusion is reliable. 

5. Conclusion 
(1) When the corrugation angle increases from 



61 

20° to 60°, the resistance coefficient increases, the 
Nusselt number increases, and the heat transfer 
performance of the heat storage element improves. 
When the inlet speed is 6 m/s, compared with the 
ripple inclination of 60°, the resistance coefficient 
of 70° is reduced by 11.3%, and the Nusselt number 
is reduced by 9.81%. 

(2) When the ripple angle is 60°, when the rip-
ple width of the heat storage element increases from 
6 mm to 10 mm, the resistance coefficient increases 
and the Nusselt number increases, and the increase 
of Nusselt number is much higher than that of the 
resistance coefficient. 

(3) Both the corrugation angle and the corru-
gation width are important factors affecting the 
Nusselt number of heat storage elements. Compared 
with the corrugation width, the corrugation angle 
has a greater impact on the resistance coefficient. 
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ABSTRACT 
Taking a certain type of combustion chamber as the research object, the numerical simulation is carried out by us-

ing RANS (Reynolds averaged Navier-stokes) and LES (large eddy simulation), and the simulation results of the two 
numerical methods are compared and analyzed. The research results show that the RANS calculation results can reflect 
the main flow field characteristics in the combustion field, and have certain engineering significance. LES can repro-
duce specific flow field details such as the weak axial flow region, accurately simulate the location and strength of the 
shear layer, simulate the dynamic development process of flame, and capture the dynamic characteristics of the com-
bustion flow field. Compared with RANS, LES has more obvious advantages in numerical simulation of the combus-
tion flow field. Through calculation, the precessing vortex core under this working condition is composed of three rela-
tively independent spiral vortex branches, which excites periodic velocity pulsation and pressure pulsation in the 
combustion chamber. LES captures the dominant frequency with the precession vortex core of 156 Hz. 
Keywords: Swirl Premixed Combustion Chamber; Partial Premixed Combustion; Large Eddy Simulation; Precessing 
Vortex Core 
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1. Introduction 
With the increasingly prominent problem of environmental pollu-

tion and the increasing awareness of environmental protection around 
the world, international organizations have Formulated strict air pollu-
tant emission standards for combustion systems, requiring gas turbines 
and aero-engines to continuously reduce pollutant emission levels. 
Therefore, low pollutant emission technology has become one of the 
key technologies with great development prospects. When designing 
and developing a new generation of gas turbines, manufacturers often 
adopt lean premixed combustion technology to replace the traditional 
diffusion combustion[1,2]. The characteristic of lean burn premixed 
combustion technology is that the fuel and oxidant have been fully 
mixed before entering the combustion chamber. By controlling the 
mixing ratio of fuel and oxidant, the flame temperature can be reduced 
to achieve the purpose of reducing pollutant emissions. However, lean 
premixed combustion is close to the lean flameout boundary, which is 
prone to combustion instability[3], so the swirl generated by the cyclone 
is needed to stabilize the flame. As a typical representative of an ad-
vanced combustion chamber, the combustion characteristics of swirl 
premixed combustion chambers have attracted extensive attention of 
experts and scholars all over the world. 

mailto:Liuxiao_heu@163.com
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With the continuous improvement of computer 
ability, computational fluid dynamics (CFD) 
has become an indispensable means in practical 
engineering design and application, playing a huge 
role. Aiming at the complex physical and chemical 
process of swirl and combustion coupling in an ad-
vanced combustion chamber, the coupling analysis 
method of turbulence model and combustion model 
in CFD method can effectively analyze this com-
plex process. Turbulence numerical simulation 
methods are mainly divided into three categories: 
direct numerical simulation method (DNS), Reyn-
olds average (RANS) statistical method, and large 
eddy simulation (LES) method. Limited by the 
amount of calculation, DNS is mainly applied to the 
theoretical research of low Reynolds numbers at 
this stage. RANS method has been widely used in 
engineering because of its small amount of calcula-
tion, but because its calculation results have no time 
correlation, it cannot capture the dynamic infor-
mation of a swirling combustion field. LES method 
is between the two. It uses a low-pass filter function 
to filter small-scale turbulent motion and directly 
solve unsteady large-scale vortex motion. It can 
reproduce the real process of swirl combustion to a 
certain extent and has broad application prospects. 

Wang[4] took the round hole jet as the model 
and compared the calculation results of DNS, LES, 
and RANS models for turbulence. The research 
showed that RANS simulated the first-order statis-
tics (such as the length of the recirculation core) 
more accurately, but the prediction accuracy of the 
peak value of the second-order stress was poor. 
DNS could provide model correction for LES and 
RANS. He et al.[5] used RANS coupling different 
combustion models to conduct numerical analysis 
of gas turbine combustion. Yang and Zheng[6] used 
the RANS model to conduct numerical research on 
the combustion process of the chemical regenera-
tive cycle combustion chamber, and the calculation 
results have certain engineering significance. 

Balut et al.[7] successfully applied LES to the 
numerical study of industrial gas turbines. The ex-
perimental study shows that LES can not only well 
reproduce the details of the combustion flow 
field, but also accurately calculate a variety of in-

termediates in the combustion process, pointing out 
the direction for the dynamic simulation of the 
combustion process. Han et al.[8] used the LES 
method to simulate stratified swirl flame, and suc-
cessfully captured the details of combustion flow 
field such as vortex breaking and central recircula-
tion zone. 

Most studies at home and abroad simply de-
scribed that the LES numerical method is more ac-
curate than the RANS numerical method, and did 
not compare the calculation results of the two mod-
els in detail. Taking the combustion chamber of an 
industrial gas turbine as a model for numerical 
analysis, this paper compares and discusses in detail 
the simulation of the swirl combustion chamber by 
RANS and LES, analyzes the reproduction ability 
of the two numerical simulation methods on the 
swirl combustion information, summarizes the ap-
plication scope of the two models, and deeply ana-
lyzes the LES numerical results to obtain the tran-
sient structure of the combustion flow field and the 
pressure pulsation information. This method can be 
used in the later numerical research of the combus-
tion chamber. 

2. Mathematical model 
In this paper, k-ε model and LES-WMLES 

model are coupled with the FGM combustion mod-
el to simulate the swirling combustion process. 

2.1 Realizable k-ε model 
Compared with the standard k-ε model, the re-

alizable k-ε model improves the calculation Formu-
la and ε equation of turbulent viscosity, which is 
suitable for simulating the flow problems such as 
strong streamline bending, vortex and rotation。 
Therefore, the realizable k-ε model turbulence 
model is applied in the RANS simulation of the 
combustion chamber in this paper. 

The realizable k-ε equation of the model is 

𝜕𝜕(𝜌𝜌𝜌𝜌𝜌𝜌𝑗𝑗)
𝜕𝜕𝑥𝑥𝑗𝑗

=
𝜕𝜕
𝜕𝜕𝑥𝑥𝑗𝑗

��𝜇𝜇 +
𝜇𝜇𝑡𝑡
𝜎𝜎𝑘𝑘
�
𝜕𝜕𝜌𝜌
𝜕𝜕𝑥𝑥𝑗𝑗

� − 𝜌𝜌𝜌𝜌 + 𝑆𝑆𝑘𝑘 

(1) 
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𝜕𝜕(𝜌𝜌𝜌𝜌𝜌𝜌𝑗𝑗)
𝜕𝜕𝑥𝑥𝑗𝑗

=
𝜕𝜕
𝜕𝜕𝑥𝑥𝑗𝑗

��𝜇𝜇 +
𝜇𝜇𝑡𝑡
𝜎𝜎𝜀𝜀
�
𝜕𝜕𝜌𝜌
𝜕𝜕𝑥𝑥𝑗𝑗

� − 𝜌𝜌𝐶𝐶1𝑆𝑆𝜀𝜀

− 𝜌𝜌𝐶𝐶2
𝜌𝜌2

𝜌𝜌 + √𝑣𝑣𝜌𝜌
+ 𝐶𝐶1𝜀𝜀

𝜌𝜌
𝜌𝜌
𝐶𝐶3𝜀𝜀𝐺𝐺𝑏𝑏 + 𝑆𝑆𝜀𝜀 

(2) 

Where: 𝜎𝜎𝑘𝑘 = 1.0, 𝜎𝜎𝜀𝜀 = 1.2, 𝐶𝐶2 = 1.9, 

𝐶𝐶1 = 𝑚𝑚𝑚𝑚𝑥𝑥 �0.43, 𝜂𝜂
𝜂𝜂+5

�, 𝜂𝜂 = 𝑆𝑆 𝑘𝑘
𝜀𝜀
, 𝑆𝑆 = �2𝑆𝑆𝑖𝑖𝑗𝑗𝑆𝑆𝑖𝑖𝑗𝑗. 

Where: ρ is the density, kg/m3; k is turbulent 
kinetic energy, W/(m·K); ε is turbulent dissipation 
rate; 𝜌𝜌𝑖𝑖 ,𝜌𝜌𝑗𝑗  are speed, m/s; 𝑥𝑥𝑖𝑖 , 𝑥𝑥𝑗𝑗  are the unit 
length in each direction; 𝑆𝑆𝑘𝑘 is the source item; 𝜇𝜇𝑡𝑡 
is turbulent viscosity, (N·s)/m2. 

2.2 LES model 
Compared with RANS model, LES can cap-

ture flow field information more accurately. LES 
directly solves the large-scale turbulence, and uses 
the sub-grid model to solve the remaining 
small-scale turbulence. The filtered N-S equation 
can be expressed as 

𝜕𝜕�̅�𝜌
𝜕𝜕𝜕𝜕

+
𝜕𝜕�̅�𝜌𝜌𝜌𝚤𝚤�
𝜕𝜕𝑥𝑥𝑖𝑖

= 0 

(3) 
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−
𝜕𝜕
𝜕𝜕𝑥𝑥𝑗𝑗

��̅�𝜌𝜌𝜌𝚥𝚥ℎ� − �̅�𝜌𝜌𝜌𝚥𝚥�ℎ��

+
𝜕𝜕
𝜕𝜕𝑥𝑥𝑗𝑗

�𝜌𝜌𝑚𝑚����
𝜕𝜕ℎ�
𝜕𝜕𝑥𝑥𝑗𝑗

� + 𝜏𝜏𝚤𝚤𝚥𝚥
𝜕𝜕𝜌𝜌𝚤𝚤
𝜕𝜕𝑥𝑥𝚥𝚥

��������
 

(6) 

In LES model, Bossinesq hypothesis 𝜏𝜏ij
sgs is 

used to describe: 

𝜏𝜏𝑖𝑖𝑗𝑗
𝑠𝑠𝑠𝑠𝑠𝑠 = �̅�𝜌�𝜌𝜌𝚤𝚤𝜌𝜌𝚥𝚥� − 𝜌𝜌𝚤𝚤�𝜌𝜌𝚥𝚥� � = −2𝜇𝜇𝑠𝑠𝑠𝑠𝑠𝑠𝑆𝑆𝚤𝚤𝚥𝚥𝐷𝐷� +

2
3
�̅�𝜌𝜌𝜌𝑘𝑘𝑖𝑖𝑗𝑗 

(7) 

The algebraic wall modeled LES model 
(WMLES) uses the Reynolds average method to 
simulate the convection field in the boundary layer, 
while the large eddy simulation method is used out-
side the near wall region, and its eddy viscosity is 
defined as 

𝜇𝜇t = min [(𝜅𝜅𝜅𝜅w)2, (𝐶𝐶Smag∆)2]
∙ 𝑆𝑆�1 − 𝑒𝑒[−(𝑦𝑦+/25)3]� 

(8) 

Where: dw is the distance between the point 
and the wall, S is the strain rate, parameter 𝜅𝜅 = 
0.41, Csmag = 0.2 and filter size Δ is selected ac-
cording to specific flow field conditions: 
∆= 𝑚𝑚𝑚𝑚𝑚𝑚 (𝑚𝑚𝑚𝑚𝑥𝑥(𝐶𝐶𝑤𝑤 ∙ 𝜅𝜅𝑤𝑤 ∙ 𝐶𝐶𝑤𝑤 ∙ ℎ𝑚𝑚𝑚𝑚𝑚𝑚; ℎ𝑤𝑤𝑤𝑤) ; ℎ𝑚𝑚𝑚𝑚𝑚𝑚 

(9) 
Where: hwn is the grid step along the normal 

direction of the wall, hmax is the maximum step of 
the wall grid, and Cw is taken as the fixed value of 
0.15.2.3 FGM (flamelet generated manifold) model 

The FGM model refers to the laminar flame 
surface method, and considers that the 
three-dimensional flame has a one-dimensional 
structure in essence, and the turbulent flame surface 
is the statistical average of the laminar flame sur-
face, so the one-dimensional flame can be used to 
construct the reaction mechanism subspace. FGM 
model can consider the influence of convection and 
diffusion, and it has good accuracy in both 
high-temperature and low-temperature regions. In 
addition, FGM can also be naturally extended from 
premixed combustion model to partial premixed 
combustion model, rather than rough and simple 
combination[9], so its applicability is wider and 
closer to reality. FGM partial premixed combustion 
model is adopted in this paper. 

In order to use FGM method to simulate the 
combustion flow field, it is necessary to use chemi-
cal reaction mechanism to establish laminar small 
flame form. In this paper, GRI 3.0 mechanism (de-
tailed chemical reaction mechanism of methane) is 
used; the mixed score can be defined as[10]: 

𝑍𝑍 =
𝑍𝑍𝑖𝑖 − 𝑍𝑍𝑖𝑖,𝑜𝑜𝑚𝑚

𝑍𝑍𝑖𝑖,𝑓𝑓𝑓𝑓𝑓𝑓𝑓𝑓 − 𝑍𝑍𝑖𝑖,𝑜𝑜𝑚𝑚
 

(10) 

Where: Zi is the relative atomic mass of compo-
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nent i, and the subscripts OX and fuel represent ox-
idant and fuel, respectively. The mixing fraction is a 
conservative scalar, which is only affected by diffu-
sion and convection. Its transport equation is 

𝜕𝜕
𝜕𝜕𝜕𝜕

(𝜌𝜌𝑍𝑍) +
𝜕𝜕
𝜕𝜕𝑚𝑚𝑖𝑖

(𝜌𝜌𝜌𝜌𝑖𝑖𝑍𝑍) =
𝜕𝜕
𝜕𝜕𝑚𝑚𝑖𝑖

(𝜌𝜌𝐷𝐷
𝜕𝜕𝑍𝑍
𝜕𝜕𝑚𝑚𝑖𝑖

) 

(11) 

Where, D is the laminar diffusion coefficient. 
The selection of reaction progress variable C is 

defined based on components, as shown in Formula 
(12): 

 

(12) 

3. Physical model and boundary 
conditions 
3.1 Introduction to a model combustion 
chamber 

The central section of a model combustion 
chamber is shown in Figure 1. In order to facilitate 
the installation and testing of test equipment, the 
model combustion chamber simplifies the flame 
tube of the prototype combustion chamber[11]. The 
length and width of the cross section of the com-
bustion chamber are 0.165 m, and the length of the 
transition section is 0.188 m. The radial hydro cy-
clone is installed at the head of the combustion 
chamber and is composed of 12 fixed wedges with 
a swirl number of 1.3. The premixed fuel nozzle is 
located in the rectangular channel near the inlet of 
the hydro cyclone. The fuel is injected into the in-
ter blade channel to mix with the incoming air, and 
then flows into the combustion chamber for com-
bustion after passing through the premixed section. 

 

Figure 1. Combustor[11] (unit: m). 

3.2 Grid division 
As shown in Figure 2, the CFD pre-processing 

software ICEM is used to divide the global struc-
tured grid of the calculation domain, which includes 
the radial hydro cyclone, the premixed section, the 
model combustion chamber and the outlet of the 
transition section. The hydro cyclone and the shear 
layer area are meshed to increase the simulation 
accuracy, and the rougher mesh is used in the outlet 
area of the combustion chamber to improve the 
calculation efficiency. In this paper, the same set of 
grids is used to simulate RANS and LES, and the 
results of the two turbulence simulation methods 
are compared. The specific parameters of the grid 
are shown in Table 1: 

 

Figure 2. Grid of combustor calculation domain. 

Table 1. Grid parameters 

Grid quantity/pc Δxmin/mm Δxmax/mm Δymin/mm Δymax/mm Δzmin/mm Δzmax/mm 
7,315,859 0.053 4.340 0.053 4.340 0.125 6.210 

 
3.3 Boundary conditions 

The inlet section of air and fuel is defined as 
the mass flow inlet, and the test fuel is German nat-
ural gas[11] The fuel composition is shown in Table 
2. Inlet air pressure p = 0.3 MPa, air mass flow 

175.0 g/s, fuel mass flow 6.2 g/s. The air tempera-
ture is 685.0 K and the fuel temperature is 319.8 K. 
The outlet adopts the boundary condition of pres-
sure outlet, and the pressure loss is 1%. 
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Table 2. Components in German natural gas 

Component Mole fraction/% 
CH4 96.970 
C2H6 1.553 
C3H8 0.400 
CO2 0.270 
N2 0.753 

4. Result analysis 
4.1 Comparison of numerical simulation re-
sults between LES and RANS 

Stopper et al.[11] monitored the speed, temper-
ature and mixed scores etc. of the four positions. 
The distances between different straight lines and 
the duty plane are 1.21 D, 1.44 D, 1.66 D and 2.00 
D, respectively, and D is the diameter of the pre-
mixed section. Figures 3 and 4 show the numerical 
results of RANS and the comparison of LES time 
average velocity and temperature distribution with 
experimental data. 

It can be seen from Figure 3 that the calculat-
ed results better reflect the time average axial ve-
locity distribution in the combustion chamber, and 
the calculated value of the velocity peak umax is 
close to the experimental value. There is a big dif-
ference between the axial velocity test value and the 
numerical simulation result at position 3, and the 
calculation error is about 5%. The center and corner 
vortex recirculation region in the combustion flow 
field are accurately reproduced. There is a symmet-
rical central recirculation zone in the center of the 
combustion chamber, and the width of the central 
recirculation zone obtained by simulation is slightly 

wider than that of the test. The calculation error of 
RANS in the width of the recirculation zone is 
about 7%, and the calculation error of LES is small, 
about 2%. Due to the high swirl intensity, a local 
negative velocity zone appears near the central axis. 
This strong swirl in the combustion field will cause 
a large number of high-temperature burned products 
to reflux, and preheat and ignite the premixed gas 
upstream of the combustion chamber. 

It can be clearly seen from Figure 3 that, 
compared with RANS, LES is in good agreement 
with the experimental data, which can well reflect 
the details of the velocity field, well predict the 
range and strength of the shear layer, and also cap-
ture the weak central recirculation zone near the 
central axis downstream of the combustion field, 
which is consistent with the results of the boundary 
limited swirl test observed in the early test[12]. 
However, RANS can only roughly describe the 
shape of the central recirculation zone and the an-
gular vortex recirculation zone, the distribution law 
and development trend of rough reaction speed, 
temperature and other parameters, and cannot ac-
curately reproduce the internal details and recircu-
lation characteristics of the central recirculation 
zone, which will have a great impact on the predic-
tion of the combustion field and the distribution of 
components in the combustion chamber, especially 
the time independent calculation method of RANS 
cannot reflect the details of the combustion dynam-
ic process. The dynamic process of flame stability 
and ignition flameout cannot be captured, and the 
degree of application is limited.

 

Figure 3. Axial velocity indifferent positions. 
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Figure 4. Temperature indifferent positions.

4.2 Reproduction of flow field details 
Figure 5 shows the instantaneous combustor 

head velocity, mixing fraction and temperature sim-
ulated by LES. The air carries the fuel injected into 
the inter blade passage through the cyclone into the 
combustion chamber, and forms a shear layer along 
the wall of the premixed chamber. As shown in 
Figure 5(b), the vortex generated by the strong 
momentum exchange in the shear layer carries the 
fuel downstream of the combustion chamber. The 
fuel and air are strongly mixed in the shear layer to 
form a premixed gas and flow downstream. When 
the premixed gas meets the high-temperature prod-
ucts entrained back downstream, it begins to burn 
rapidly. The recirculation effect of strong swirling 
flow and strong velocity pulsation in the shear layer 
stabilize the flame position near the shear layer. 
From the mixture fraction distribution diagram and 
temperature cloud diagram, it can be seen that the 
combustion mainly occurs at the position where the 
equivalence ratio is less than 1 (the mixture fraction 
is less than 0.055), and the combustion chamber is 
mainly in lean combustion state. 

 

(a) Axial velocity 

 

(b) Mixed fraction 

 

(c) Temperature 
Figure 5. Contour of axial velocity mean mixture fraction and 
temperature in the combustor. 

High swirling flow is often accompanied by 
the formation of precession vortex core. The vortex 
moves periodically around the central axis, which 
will cause velocity and pressure pulsation in the 
combustion chamber, affect the combustion process, 
and easily cause combustion oscillation, which will 
not only increase the emission of pollutants in the 
combustion process, but also have an adverse im-
pact on the combustion equipment. 
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(a) Axial velocity time series distribution                 (b) Axial velocity power spectral density 
Figure 6. Axial velocity at the inner shear layer.

LES simulates the premixed combustion flow 
field instantaneously, and selects a point on the in-
ner shear layer to monitor the change of its axial 
velocity with time. As shown in Figure 6(a), the 
FFT transformation of the axial velocity time series 
distribution is carried out to obtain the axial veloci-
ty power spectral density. According to Figure 6(b), 
the main frequency of the axial velocity fluctuation 
is 156 Hz, which is the frequency of the precession 
vortex core of a certain combustion chamber under 
this working condition. The axial velocity fluctua-
tion in the combustion flow field is caused by the 
periodic falling off of the precession vortex core. 
The main difference between the precession vortex 
core and the spiral vortex is that the precession vor-
tex core rotates around the central axis, the fluid 
around the vortex core rotates around its internal 
vortex axis, and the spiral vortex only makes a spi-
ral motion around its own axis. 

Figure 7 shows the spatial three-dimensional 
structure of the precession vortex core using the 
pressure contour method. The precession vortex 
core is composed of the core of the main spiral vor-
tex and the branches of the spiral vortex. The main 
spiral vortex starts from the duty plane of the pre-
mixed combustion chamber and develops down-
stream. With the increase of distance, the main spi-
ral vortex splits into several branches, that is, 
multiple relatively independent small spiral vortices, 
which rotate around the central axis to form a pre-
cession vortex core structure. As shown in Figure 8, 
there are three low-pressure areas in the throat of 

the combustion chamber, namely the three branches 
of the main spiral vortex. The vortex centers of the 
three places are all off-axis and located near the 
inner shear layer. These three independent small 
spiral vortices spiral along their respective central 
axes and rotate around the central axis of the com-
bustion chamber, causing periodic pressure and ve-
locity pulsations in the combustion flow field, 
making the velocity pulsation and mixing transpor-
tation process of the shear layer more intense. 
Therefore, the capture of precession vortex core is 
very important for the study of combustion charac-
teristics of swirling combustion field, especially for 
the study of flame dynamic characteristics. 

  

Figure 7. Precessing vortex core structure. 

 

Figure 8. Pressure contour and streamlines of the combustor 
throat. 
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5. Conclusion 
Based on CFD numerical simulation technol-

ogy, this paper studies the numerical simulation of 
the combustion field of the swirl premixed combus-
tion chamber. For a certain type of combustion 
chamber, the test results of the combustion chamber 
are reproduced by using the coupling calculation 
method of LES, RANS and FGM combustion mod-
el, respectively. The calculation results of the two 
numerical methods are compared, and the conclu-
sion is obtained. 

(1)  The results of RANS can roughly describe 
the development trend of velocity field and temper-
ature field, and can accurately calculate the size of 
velocity value, the location and strength of shear 
layer. It has certain engineering value. 

(2)  LES can accurately reproduce the detailed 
structure of the combustion flow field, and can 
capture the weak central recirculation zone at the 
axis of the restricted flow field. It is more accurate 
to calculate the range of shear layer. The dynamic 
calculation results of LES can capture the dynamic 
characteristics of combustion flow field, which is 
more in line with the needs of basic researchers. 

(3)  LES instantaneous numerical simulation 
can capture the precession vortex core in the strong 
swirl combustion flow field and analyze the dy-
namic characteristics of the flame. The numerical 
simulation shows that the dominant frequency of 
the precession vortex core is 156 Hz. 
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ABSTRACT 
One of the most important variables to know how efficient a thermal machine is the exergy. In practice, it is one of 

the least controlled variables. In this research, a thermal exergy study was carried out in a compact pyrotubular steam 
generator. To achieve this, an energy mass balance and entropy balance were carried out. The energy balance was 
carried out by direct and indirect methods. The percentages of the exergies of each working substance in the process are 
specified. The energy yield by the direct method was 0.901 and by the indirect method was 0.882, since each method 
has its role in the energy analysis. The irreversibilities in the process were 26%. The exergetic efficiency was 0.39, 
conditioned by a complete combustion in the hearth. It was demonstrated that the steam generator for the real operating 
conditions is oversized. 
Keywords: Pyrotubular Steam Generator; Energy; Entropy; Exergy; Irreversibilities; Performance 
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1. Introduction 
In the early 1960s, there was a growing worldwide awareness that 

industrial growth and energy production from fossil fuels are 
accompanied by the release of potentially harmful pollutants into the 
environment[1]. 

There is a strong relationship between energy efficiency and 
environmental impact, since for the same services or products, lower 
resource use and pollution are usually associated with higher energy 
efficiency[2]. 

The growing concern for energy savings has encouraged a critical 
examination of the methods used to evaluate and increase the efficiency 
of industrial processes. In response, attention has recently focused on 
analysis techniques based on the Second Principle of Thermodynamics, 
in particular, on the concept of exergy[3]. Exergy is fundamentally the 
property of the system that provides the maximum potential that can be 
extracted from the system when brought to a thermodynamic 
equilibrium state from a reference state[4,5]. 

In recent years, due to the scarcity of fossil fuels and their logical 
increase in price, the importance of developing thermal systems that 
make effective use of these non-renewable energy resources such as oil, 
natural gas and coal has become evident. The method of exergetic 
analysis is particularly suitable to achieve an efficient use of energy 
resources, since it allows determining the location, type and real 
magnitude of their loss and waste. A pyro-tube or fire-tube steam 
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generator is a thermal machine that produces steam. 
This steam is generated when the combustion gases 
pass through the inside of the tubes, which 
are bathed in water, from where the saturated steam 
is produced, which is conducted through the 
distribution lines to the consumers, which are 
generally: kitchens, dry cleaners, hospitals, among 
others. 

The efficient use of energy resources will be 
achieved by reducing as much as possible the 
destruction of exergy in the systems, i.e., reducing 
the irreversibilities of the processes occurring 
within the systems. This will allow focusing 
attention on those aspects of the operation of the 
system under analysis that offer the greatest 
opportunities for improvement. 

The objective of the research was to determine 
if the steam generator is adequate for the real 
operating and process conditions, as well as the 
opportunities to increase its efficiency. It was 
hypothesized that by determining the energetic and 
exergetic performances of the steam generator, it is 
possible to know the magnitude of the influence of 
the operational variables that affect it. 

2. Materials and methods 
The investigation was carried out on a compact 

pyrotubular steam generator model CMS-660. This 
works with regular diesel fue[6] and its gravimetric 
composition was obtained from the data sheet 
provided by the supplier. It has a nominal capacity 
for steam production of 660 kg/h, produces 
saturated steam with a pressure of 0.49 MPa and 
has a heat exchange surface with the fluid to be 
heated of 19.6 m2. The cylindrical outer walls have 
an operating temperature of 34 ℃ and the rest of 
the walls 42 ℃. The feedwater is preheated by 
saturated steam extraction and enters the generator 
at 80 ℃. Condensate from the process is not 
recovered due to a design error in the plant. The 
exhaust gas temperature is 200 ℃. The properties 
of all working substances entering and leaving the 
steam generator must be known in order to perform 
mass, energy, entropy and exergy balances (Figure 
1). 

 
Figure 1. Basic scheme of the system to be studied. 

2.1 Mass balance 
Fuel, feedwater and saturated steam flows 

were obtained from direct measurements and 
others by applying mass balance. To determine the 
mass flow of air, the combustion was considered 
to be complete, the actual excess air coefficient was 
measured and the theoretical air volume to combust 
one kilogram of fuel was determined. By 
multiplying the theoretical air volume by the excess 
air coefficient, the actual air volume was obtained. 
The actual air volume was multiplied by the mass 
flow of the fuel entering the boiler and the 
volumetric air flow was obtained. This volumetric 
flow rate is multiplied by the air density to obtain 
the air mass flow rate. The exhaust gas mass flow is 
obtained by equation (1): 

 

(1) 

2.2 Energy balance 
Applying the law of conservation of energy, 

equation (2) is obtained: 

 

(2) 
The enthalpy of air was obtained from Cengel 

table A17[1,7], those of feed water and water vapor 
were obtained from table A4 of the Cengel book[7]. 
The enthalpy of the exhaust gases was determined 
from gas analyzer measurements. The lower heating 
power (LHP) of the fuel was checked by equation 
(3)[8,9]. 
𝑃𝑃𝑃𝑃𝑃𝑃 = 339.2𝑃𝑃 + 1030.4𝐻𝐻 − 108.9(0 − 𝑆𝑆) − 25.14𝑊𝑊 

(3) 
The rejected heat was calculated by Newton’s 
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cooling equation (equation 4). The boiler walls are 
at relatively low temperatures, therefore, only the 
heat rejected by the natural convection mechanism 
was taken into account (equation 4)[7,10]. 

 
(4) 

Where: 

h = Overall heat emission coefficient (W/(m2·K)) 

As = Heat exchange surface with the environment (m2) 

Ts = Surface temperature (K) 

Tf = Surface surroundings temperature(K) 

2.2.1 Calculation of energy yield by the direct 
method 

The calculation of the energy efficiency of the 
steam generator was calculated by equation (5)[11]: 

 

(5) 

2.1.2 Calculation of energy yield by the 
indirect method 

This method can be applied without the need 
to know steam production and fuel consumption[12]. 

The yield 𝜂𝜂𝑔𝑔𝑔𝑔
bruto  in this case was 

determined by equation (6): 
𝜂𝜂𝑔𝑔𝑔𝑔bruto = 100 − (𝑞𝑞2 + 𝑞𝑞3 + 𝑞𝑞4 + 𝑞𝑞5 + 𝑞𝑞6 + 𝑞𝑞7), % 

(6) 

Table 1. Equations used to test the different types of losses[9] 
Type of loss Equation  

q2 𝑞𝑞2 =
�ℎ𝑒𝑒𝑒𝑒𝑒𝑒 − 𝛼𝛼𝑔𝑔𝑒𝑒 ⋅ ℎ𝑎𝑎𝑎𝑎�(100 − 𝑞𝑞4)

𝑄𝑄𝑑𝑑
 (7) 

q3 
𝑉𝑉𝑔𝑔𝑒𝑒 ⋅ (126 ⋅ 𝑃𝑃𝐶𝐶 + 108 ⋅ 𝐻𝐻2 + 358.2 ⋅ 𝑃𝑃𝐻𝐻4)(100 − 𝑞𝑞4)

𝑄𝑄𝑑𝑑
 (8) 

q4 This loss is due to the fact that sometimes, in a real combustion, a small part of the combustible 
substances do not combust.  

q5 𝑞𝑞5 nom 
𝐷𝐷𝑛𝑛𝑛𝑛𝑛𝑛
𝐷𝐷real 

 (9) 

q6 This loss generally occurs when solid fuels are burned and to a lesser extent in liquid fuels.  

q7 This loss is disregarded, since for pyro-tubular steam generators it does not reach 2% of the total 
losses.  

 
Where[13]: 
q2 = Heat losses with exhaust gases 
q3 = Heat losses due to incomplete chemical 

combustion 
q4 = Heat losses due to incomplete mechanical 

combustion 
q5 = Radiation and convection heat losses to 

the environment 
q6 = Losses with the physical heat of the ashes 
q7 =Losses due to purging 
The equations used to determine the energy 

losses are shown in Table 1. 

(1) Energy balance 
It was carried out to know the irreversibilities 

of the system. The reference environment is 298.15 
K temperature and one technical atmosphere 
pressure. 

�𝐵𝐵𝑒𝑒𝑛𝑛𝑒𝑒 = �𝐵𝐵𝑒𝑒𝑎𝑎𝑠𝑠 = 𝑃𝑃 

(10) 
The exergy of a matter flow can be divided 

into different components[14-16]: 
𝐵𝐵 = 𝐵𝐵𝐶𝐶 + 𝐵𝐵𝑃𝑃 + 𝐵𝐵𝐹𝐹 + 𝐵𝐵𝑄𝑄 

(11) 
Where: 
B, BC, BP, BF and BQ equal the total exergy of 

the substance, kinetic exergy, potential exergy, 
physical exergy and chemical exergy respectively 
(kW). 
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For the installation to be analyzed, the 
resulting equation (12) is: 

𝐵𝐵aire + 𝐵𝐵aa + 𝐵𝐵comb + 𝐵𝐵elect 
= 𝐵𝐵qrech + 𝐵𝐵esc + 𝐵𝐵vap + 𝑃𝑃 

(12) 

For air, the physical exergy was neglected because it has 
practically the same properties as the reference 
environment (Table 2). With the outlet pressure of the 

saturated steam and with the title, the entropy of the 
feedwater is located in Table A4 of the book by Çengel 
and Boles[7]. In fuel, for the specific chemical exergy, 
there is a general expression given in Annex C of 
the book of Kotas[15]. Szargut and Styrylska[17] assume 
that the ratio of chemical exergy to the net calorific value 
of solid and liquid industrial fuels, is the same as that of 
pure chemicals having the same proportions of chemical 
components[15]. For exhaust gases (Table 2). The 
equations used to determine the exergies of each 
substance are presented in Table 2. 

Table 2. Equations used to determine the different types of exergies of working substances[15] 
Working substance Equation  

Air 
𝑏𝑏𝑎𝑎𝑎𝑎𝑎𝑎𝑒𝑒
𝑞𝑞 = ��𝑛𝑛𝑎𝑎𝑏𝑏𝑥𝑥𝑎𝑎

𝑞𝑞 � + 𝑅𝑅𝑇𝑇0�𝑥𝑥𝑎𝑎 𝑙𝑙𝑛𝑛 𝑥𝑥𝑎𝑎 

𝑏𝑏𝑎𝑎𝑎𝑎 = 𝑏𝑏𝑎𝑎𝑎𝑎
𝑞𝑞 + 𝑏𝑏𝑎𝑎𝑎𝑎

𝑎𝑎  
(13) 

Feed water 
𝑏𝑏𝑎𝑎𝑎𝑎
𝑎𝑎 = ℎ𝑎𝑎𝑎𝑎 − ℎ0 − 𝑇𝑇0(𝑠𝑠𝑎𝑎𝑎𝑎 − 𝑠𝑠0) 

𝑏𝑏𝑎𝑎𝑎𝑎
𝑞𝑞 st corrg = 𝑏𝑏𝑎𝑎𝑎𝑎

𝑞𝑞𝑒𝑒𝑒𝑒 𝑇𝑇
𝑇𝑇0
− ℎ𝑒𝑒𝑒𝑒

𝑇𝑇 − 𝑇𝑇0
𝑇𝑇0

 
(14) 

Saturated steam 𝑏𝑏vap = 𝑏𝑏𝑔𝑔𝑒𝑒𝑎𝑎𝑒𝑒
𝑞𝑞 + 𝑏𝑏vap 

𝑎𝑎  (15) 

Fuel 
𝜑𝜑 =

𝑏𝑏comb 
𝑞𝑞

𝑃𝑃𝑃𝑃𝑃𝑃  

𝑏𝑏comb 
𝑎𝑎 = 𝑐𝑐𝑝𝑝𝑒𝑒𝑛𝑛𝑛𝑛𝑝𝑝 �(𝑇𝑇 − 𝑇𝑇0) − 𝑇𝑇0 𝑙𝑙𝑛𝑛 �

𝑇𝑇
𝑇𝑇0
�� + 𝑔𝑔𝑛𝑛(𝑃𝑃 − 𝑃𝑃0) 

(16) 

Electrical power Electrical energy can be completely converted into work[18].  

Rejected heat 

𝑏𝑏𝑎𝑎𝑒𝑒𝑒𝑒ℎ = 𝑏𝑏𝑝𝑝𝑠𝑠 + 𝑏𝑏𝑎𝑎𝑎𝑎 

𝑏𝑏𝑝𝑝𝑠𝑠 = �̇�𝑞𝑝𝑝𝑠𝑠 �1 −
𝑇𝑇0
𝑇𝑇𝑝𝑝𝑠𝑠

� 

𝑏𝑏𝑎𝑎𝑎𝑎 = �̇�𝑞𝑎𝑎𝑎𝑎 �1 −
𝑇𝑇0
𝑇𝑇𝑎𝑎𝑎𝑎

� 

(17) 

Exhaust gases 𝑏𝑏𝑒𝑒𝑒𝑒𝑒𝑒
𝑞𝑞 = ��𝑛𝑛𝑎𝑎𝑏𝑏𝑥𝑥𝑎𝑎

𝑞𝑞 � + 𝑅𝑅𝑇𝑇0�𝑥𝑥𝑎𝑎 𝑙𝑙𝑛𝑛 𝑥𝑥𝑎𝑎 (18) 

Note: The values of 𝑏𝑏𝑎𝑎𝑎𝑎
𝑞𝑞𝑒𝑒𝑒𝑒 and hst are obtained from Table A.3 of the book by Kotas[15]. 

Table 3. Equations used to determine the different types of entropies of working substances[7] 
Working substance Equation  

Air 𝑠𝑠aire = 𝑠𝑠0 + 𝑐𝑐𝑝𝑝 𝑙𝑙𝑛𝑛 �
𝑇𝑇
𝑇𝑇0
� (20) 

Feed water Table A-4   
Saturated steam Table A-4   

Fuel 𝑠𝑠𝑒𝑒𝑛𝑛𝑛𝑛𝑝𝑝 = 𝑐𝑐𝑝𝑝 comb 𝑙𝑙𝑛𝑛 �
𝑇𝑇combustion 

𝑇𝑇0
� (21) 

Rejected heat 
�̇�𝑞𝑝𝑝𝑠𝑠
𝑇𝑇1

+
�̇�𝑞𝑎𝑎𝑎𝑎
𝑇𝑇2

 (22) 

Exhaust gases 𝑠𝑠𝑒𝑒𝑒𝑒𝑒𝑒  =
ℎ𝑒𝑒𝑒𝑒𝑒𝑒
𝑇𝑇𝑒𝑒𝑒𝑒𝑒𝑒

 (23) 
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(2) Entropy balance 
It was carried out to determine the 

irreversibilities from the entropy generated in the 
process. 

�̇�𝑆𝑎𝑎𝑎𝑎𝑎𝑎𝑒𝑒 + �̇�𝑆𝑎𝑎𝑎𝑎 + �̇�𝑆𝑒𝑒𝑛𝑛𝑛𝑛𝑝𝑝 + �̇�𝑆𝐺𝐺𝑒𝑒𝑛𝑛
= �̇�𝑆𝑒𝑒𝑒𝑒𝑒𝑒 + �̇�𝑆𝑔𝑔𝑎𝑎𝑝𝑝 +

�̇�𝑞𝑝𝑝𝑠𝑠
𝑇𝑇1

+
�̇�𝑞𝑎𝑎𝑎𝑎
𝑇𝑇2

 

(19) 

The equations used to determine the entropy of 
each substance are shown in Table 3. 

Table 3. Equations used to determine the different types of entropies of working substances[7] 
Working substance Equation  

Air 𝑠𝑠aire = 𝑠𝑠0 + 𝑐𝑐𝑝𝑝 𝑙𝑙𝑛𝑛 �
𝑇𝑇
𝑇𝑇0
� (20) 

Feed water Table A-4   
Saturated steam Table A-4   

Fuel 𝑠𝑠𝑒𝑒𝑛𝑛𝑛𝑛𝑝𝑝 = 𝑐𝑐𝑝𝑝 comb 𝑙𝑙𝑛𝑛 �
𝑇𝑇combustion 

𝑇𝑇0
� (21) 

Rejected heat 
�̇�𝑞𝑝𝑝𝑠𝑠
𝑇𝑇1

+
�̇�𝑞𝑎𝑎𝑎𝑎
𝑇𝑇2

 (22) 

Exhaust gases 𝑠𝑠𝑒𝑒𝑒𝑒𝑒𝑒 =
ℎ𝑒𝑒𝑒𝑒𝑒𝑒
𝑇𝑇𝑒𝑒𝑒𝑒𝑒𝑒

 (23) 

 
According to Gouy[19] irreversibilities of the 

process: 
𝑃𝑃 = 𝑇𝑇𝑂𝑂 ∙ 𝑆𝑆𝐺𝐺𝑒𝑒𝑛𝑛 

 (24) 
Exergetic performance was determined 𝜀𝜀𝐺𝐺𝑉𝑉: 

𝜀𝜀𝐺𝐺𝐺𝐺 =
𝐵𝐵vap − 𝐵𝐵𝑎𝑎𝑎𝑎
𝐵𝐵aire + 𝐵𝐵comb

 

(25) 

3. Results and discussion 
The plant has an actual steam production of 

457.2 kg/h with a fuel consumption of 0.008 kg/s. 
The steam demand of the process was 114.3 kg/h 
(Table 4). 

The substances that had the greatest impact on 
the energy and energy yields of the process were 
fuel and saturated steam (Table 4). The energy yield 
of the generator calculated by the direct method was 
0.901 and by the indirect method was 0.882 (Table 
4). The error between the results for both methods 
was 2.11%, which was negligible. 

The most significant substance in the exergy 
yield is fuel with 46%; this is due to its high energy 
content (Figure 1). Feedwater, when its temperature 
was varied from 80 ℃ to 151 ℃ to become 
saturated steam at a pressure of 0.49 MPa, increased 

its exergy potential by 18%; it is the second most 
important substance in the exergy yield (Figure 1). 
The effects of the remaining substances are 
practically negligible, although they must be taken 
into account when the air is not preheated. 
Irreversibilities represent 26% of the exergies, 
mostly due to transformations occurring in 
combustion and heat transfer processes (Figure 
1)[20]. 

It is known that the exergy efficiency for such 
a steam generator should be close to 0.27[21]. For the 
actual operating conditions of the steam generator 
the exergy efficiency is 0.39. As can be observed, 
the exergy efficiency calculated for the steam 
generator studied has a value above that published 
in the literature[21]. When comparing the values of 
the measurements of this research with the 
reviewed one, it can be noted that for values of 
2.012 of the coefficient of excess air at the exhaust 
gas outlet and the presence of gases such as carbon 
monoxide, which indicates incomplete combustion, 
an exergetic efficiency of 0.27 is obtained. 
Therefore, it is concluded that, for the operational 
variables and the conditions of complete 
combustion, the efficiency of the steam generator is 
higher. 
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Figure 1. Percentage graph of the exergies of each substance in the process. 

Table 4. Results for the different variables of the process 
Variables Energy (kW) Exergy (kW) Entropy (kW/K) 
Air 31.057 0.575 0.1684 
Fuel 339.590 362.664 0.0265 
Exhaust gases 52.365 14.838 0.1107 
Feed water 42.545 32.194 0.1366 
Saturated steam 348.806 175.393 0.8670 
Rejected heat 0.259 0.0126 0.0008 
Performance direct method  0.901  
Performance indirect method  0.882  
Irreversibilities (kw)  206.190  
Gouy-Stodola irreversibilities (kw)  200.589  
Exergetic performance  0.394  
 

To determine the effect of saturated steam 
pressure on energy yields, exergy yields and 
irreversibilities, the above calculations were 
replicated for the range of 0.1 MPa to 1.3 MPa 
(Figure 2). Both the energetic and exergy yields 
increase with increasing saturated steam pressure. 
The increase in the exergy yield is more significant, 
with a positive variation of 13% (Figure 2). 
Irreversibilities decrease significantly in the range 
of 0.1 MPa to 0.4 MPa; above that value their 
decrease is less pronounced in relation to the 
increase in saturated steam pressure and 

experiences a total negative variation of 45 kW 
(Figure 2). 

For the environmental and operating 
conditions of the steam generator, the energy 
analysis made it possible to identify, classify and 
measure the energy losses (Tables 1 and 4). The 
steam flow offered by the generator is four times 
greater than that demanded by the process. This 
suggests a replacement of the steam generator by 
another one with a lower steam production. 
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Figure 3. Behavior of energy yield, exergy yield and irreversibilities as a function of vapor pressure. 

4. Conclusions 
This paper describes a series of logical steps to 

calculate the energy efficiency of a steam 
generating plant. Normally, energy studies of steam 
generating facilities are applied to one of two 
methods (direct or indirect). In this case, both 
methods are applied to compare the results and 
demonstrate the relevance of using both methods 
indistinctly. The energy efficiency of the steam 
generator by the direct method is 0.901 and by the 
indirect method is 0.882, with a difference of 2.11%, 
which indicates that either method can be used. To 
determine the exergetic efficiency, equations were 
used that allow working with real values of ambient 
temperature, since they help to correct the 
difference between the parameters of the reference 
environment and the real environment. The 
exergetic efficiency of the steam generator was 0.39 
and the substance that most influenced it is the fuel 
with 46%, then the irreversibilities of the process 
with 26%. These can be reduced by taking 
advantage of the condensed steam that is lost due to 
a design error in the installation. In general, but 
with equal importance, it was demonstrated that the 
steam generator is oversized for the real operating 
and process conditions, so it is recommended to 
replace it with another one of lower steam 

production. 

Nomenclature 
G Mass flow 
h Specific enthalpy or convective heat 

transfer coefficient 
Pelect Electric power 
PCI Lower caloric value 
Q Heat flux 
As Heat exchange surface with the 

 T Absolute temperature 
η Energy efficiency 
V Volume 
Q Heat or energy 
D Request 
B Exergy 
b Specific energy 
I Irreversibilities 
n Amount of substance 
χ Proportion of quantity of substance 
R Universal gas constant 
S Specific entropy 
φ Szargut-Styrylska relationship 
cP Specific heat at constant pressure 
v Specific volume 
P Absolute pressure 
Chemical symbols 
C Carbon 
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H Hydrogen 
O Oxygen 
S Sulfur 
W Humidity 
C Carbon 
Subscripts and superscripts 
Aire Air substance 
Aa Feed water substance 
Comb Combustible substance 
Vap Saturated vapor substance 
Esc Exhaust gases 
Rech Rejected 
S Surface 
F Surface surroundings 
Gv Steam generator 
Bruto Gross 
Ge Gases at the steam generator outlet 
Af Cold air 
D Available 
Gs Dry gases 
Nom Nominal 
Real Real 
Ent Entry 
Sal Output 
C Kinetics 
P Potential 
F Physics 
Q Chemistry 
I Chemical components of the substance 
Q Chemistry 
F Physics 
0 Reference environment 
St Standard 
Corrg Corrected 
Comb Fuel 
Pl Sidewall 
Ff Front and back wall 
Combus

 

Combustion process 
Gen Generated 
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ABSTRACT 
The paper presents a numerical study of compact tube-fin heat exchangers with Venetian blades. The influence of 

the number of Venetian blades on the thermo-hydraulic characteristics of the exchanger is determined. A 3D numerical 
model was used in the laminar regime and for a Reynolds number variation, based on the hydraulic diameter between 
120 and 1,200. By varying the number of Venetian blinds upstream and downstream of the central Venetian blind, it is 
determined that, for smaller numbers of Reynolds fins with 2 Venetian blades, the highest heat transfer coefficient is 
obtained. On the other hand, by increasing the air velocity at the model inlet, better heat transfer results are obtained for 
geometries with a higher number of Venetian blades. 
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1. Introduction 
Venetian blades are a widespread configuration. Each Venetian al-

lows the initiation of a new boundary layer, while at the same time act-
ing as a flow disturbing element. These mechanisms enhance heat 
transfer and make it possible to reduce the size of the equipment, thus 
achieving greater compactness. Several studies have been carried out on 
this type of fin, and new configurations have been experimented with 
and modeled with the aim of perfecting this geometry[1,2]. 

Among the extended surfaces, the most commonly used are flat, 
Venetian, alternating, and corrugated fins and possible combinations of 
these. Vortex generators have been added to these geometries as heat 
transfer intensifiers. The behavior of the flows is a decisive aspect in 
heat transfer, so there are two methods that allow altering the heat 
transfer patterns, as stated by T’Joen et al.[3] These methods are defined 
as: the main flow alteration method and the introduction of secondary 
flows. It may be the case that both mechanisms are present. The differ-
ence is that in the first method; the main features are manipulated 
through geometric changes, while in the second method the local flow 
structure is modified. 

Venetian fin models are one of the most advanced intensified ex-
tended surfaces and are essentially formed by cutting the metal plate of 
the fin at intervals and rotating the metal strips from an angle that 
re-directs the flow[4].
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There are combinations of heat exchangers 
with Venetian fins and elliptical, flat, or circular 
tubes. Geometries with flat tubes have better fin 
efficiency than geometries with circular tubes[2]. 
Venetian fins generally result in high heat transfer 
values per unit area but generate large pressure 
drops. The reason why Venetian blades are a com-
plex technique to analyze is due to the fact that they 
have a number of different geometrical parameters. 
One of the parameters that distinguish Vene-
tian blinds is the angle of inclination of the Vene-
tian blinds (louvers), for this reason, many authors 
have been dedicated to investigating and establish-
ing the optimal ranges of these angles[1,2,5]. 

In heat exchangers with circular or elliptical 
tubes, longitudinal vortices are generated when the 
flow passes around the tube and these are called 
horseshoe vortices. The main characteristic of these 
is that they generate high heat transfer values in the 
front zone of the tubes and around the tubes[6,7]. 
However, the heat transfer behind the tube is poor 
due to the recirculation of the flow in the dead or 
rear zone of the tube. 

For low Reynolds numbers, the thickness of 
the boundary layer is such that the Venetian blades 
are embedded within it, thus forcing the fluid to 
change the channel through which it flows. As the 
Reynolds number increases, the flow that changes 
channel decreases, and the flow that maintains the 
main direction increases. This is due to the presence 
of a thinner boundary layer. 

Karthik et al.[8] conclude, from the study of a 
water-filled air heating system using Venetian fins 
with elliptical tubes, that increasing the air inlet ve-
locity produces a greater increase in the overall heat 
transfer coefficient than that obtained by increasing 
the mass flow rate of water through the tubes. 

Sanders[9] states that most of the studies related 
to this subject are carried out in two dimensions, 
thus ignoring the effects created on the surface of 
the tubes. This is because recent articles have con-
cluded that the analysis of three-dimensional flows 
close to the tube wall does not influence the per-
formance of the exchanger equipment. 

Some authors conclude that by using Vene-
tian blades with different degrees of inclination 

each, good results can be obtained for small Reyn-
olds values. The study consists of comparisons, 
varying the inter-fin pitch and the angle of inclina-
tion of the Venetian blades for a particular arrange-
ment where the Reynolds number takes values be-
tween 100 and 1,000 approximately[1,7,8]. A very 
interesting fact is that for small values of the in-
ter-fin pitch and large values of the tilt angle, large 
and strong airflow deviations are achieved. 

The Schmidt correlation represents a good an-
alytical model to find the efficiency of flat fins and 
circular tubes. This method offers an equation for 
the efficiency based on geometrical parameters and 
materials, used in experimental studies when it is 
impossible to obtain the temperatures at the fin 
wall[10], although this method is valid only when 
radial heat conduction exists in one dimension. 

According to Ameel et al.[11], the black box 
the black box behavior of heat exchangers is com-
monly analyzed by the Logarithmic Mean Temper-
ature Difference (LMTD) method or by the NTU 
(Number of Transfer Units) method. 

There is research showing that Venetian blinds 
redirect the airflow in the direction parallel to their 
own planes[12,13], where visualization of the flow in 
scaled models is used to reach this conclusion. 

Achaichia and Cowell[14] conclude in an inves-
tigation that undesired inter-fin flows are caused 
when the inter-veneer pitch is combined with large 
inter-veneer spacings and small veneer angles. The 
above criterion is also supported by Tu et al.[15] who 
state that better results are obtained using geome-
tries with small inter-blade pitches (1.6 mm) and 
small blade angles of 26°. 

Kang et al.[16] conclude that the use of Vene-
tian blind arrays and multiple circular tubes pro-
duces 10%–15% higher heat transfer performance 
than using flat tubes for the same volumetric flows 
and velocities. 

Although the literature review shows the ex-
istence of multiple studies on this type of fins, there 
is little information on the influence of the number 
of Venetian blades on the thermo-hydraulic charac-
teristics of these heat exchangers. Precisely, this 
work determines the influence of the number of 
Venetian blades on the heat transferred and the 
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pressure drop in a Reynolds range between 120 and 
1,200. 

2. Materials and method 
Figure 1 shows a front view of a Vene-

tian blind, presenting, among other things, the angle 
of inclination of the Venetian blinds and the height 

of the blinds. The figure corresponds to having fins 
equal to 2 blinds on either side of the central blind, 
commonly referred to as redirected blinds. 

Table 1 below shows the dimensions of the 
one and two-row Venetian finned tube models to be 
studied.

  
Figure 1. Front view of a venetian blind with a row of tubes.

Table 1. Dimensions of the venetian fin models for one and two rows of circular tubes 
Description Nomenclature 1 row 2 rows 
Pitch between fins [mm]  FP 1.5 
Fin length [mm] L 17 34 
Transversal fin spacing [mm]  St 22 
Angle of inclination of venetian blind [°] a 27 
Blade thickness [mm]  tf 0.1 
Width of venetian blind area [mm] AL 9 
Tube radius [mm] R 4.5 
Distance from flap outlet to channel outlet [mm]  y 60 
Distance from channel inlet to flap inlet [mm]  x 7.5 
Total channel length [mm]  LC 84 101 
Number of venetian blinds with respect to redirection CL 2 3 4 5 
Venetian blind pitch [mm]  LP 1.56 1.15 0.91 0.75 
Venetian blind height [mm] Lh 0.8 0.62 0.43 0.35 
Fin Material Aluminum 

 

The equations that govern the study of a phe-
nomenon in which the motion of a fluid and its heat 
exchange with the surfaces it contacts are of interest 
are the continuity equation, the equations of quan-
tity of motion in each of the axes and the energy 
equation. These equations in the computational do-
main, for incompressible flow, with constant prop-
erties and in steady state without viscous dissipation 
and in laminar regime, can be expressed in the same 
order in which they are mentioned, as follows 
(equations 1, 2 and 3): 
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(3) 
The solution of equations 1, 2 and 3 is 

achieved for a computational domain shown in 
Figure 2. The domain, as can be seen, has been ex-
tended in the inlet and outlet region of the model. It 
was extended 7 times the fin spacing in the inlet 
direction and 7 times the minor diameter of the tube 
in the outlet direction. The need to have a uniform 
and one-dimensional velocity profile at the inlet of 
the model, as well as to avoid the existence of re-
verse flow in the outlet section is the reason for 
these extensions. 
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Figure 2. Representation of channel and fin boundary conditions. 

The interpolation used for the energy was of 
the second order upwind type since this is more ef-
fective when there is no mesh totally normal to the 
flow. In the pressure-velocity coupling, the simple 
method and a first-order upwind scheme were used 
in the momentum equations and the standard model 
in the pressure. The fin in the central region of the 
domain is taken as a solid, while the channels above 
and below are considered to be fluid regions. 
Two boundary conditions that are needed are the 
temperature in the tube and the fluid inlet parame-
ters to the channel. The temperature of the tubes 
will be considered equal to that of the cooling fluid 
circulating inside them, so the value of the heat 
transfer coefficient on the inside of the tube is dis-
regarded given its high value when compared to 
that which must exist on the outside of the tube. 
The inlet velocity is data that can vary because the 
study of different Reynolds numbers requires the 
change of the velocity at the inlet. The gen-
eral boundary conditions by region are summa-
rized below: 

At model input, equation 4: 
𝑣𝑣 = 𝑤𝑤 = 0      𝑢𝑢 = 𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐.        𝑇𝑇 = 𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐. 

(4) 

In the upper and lower part of the domain, pe-
riodicity conditions were considered. On the fin 
surface, in addition to the existence of conjugate 
heat transfer, there is a no-slip condition, equation 
5: 

𝑢𝑢 = 𝑣𝑣 = 𝑤𝑤 = 0 
 (5) 

On the surface of the tube we will have, equa-
tion 6: 

 

𝑢𝑢 = 𝑣𝑣 = 𝑤𝑤 = 0      𝑇𝑇 = 𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐. 
 (6) 

0u w T v
y y y
∂ ∂ ∂

= = = =
∂ ∂ ∂

 

(7) 
At the model output, equation 8: 

0u v w T
x x x x
∂ ∂ ∂ ∂

= = = =
∂ ∂ ∂ ∂

 

(8) 
The model works under a laminar flow regime 

with low air velocities in the channel, in anticipa-
tion of the existence of annoying kinetic noises. It is 
also modeled in steady state. The flow to be ana-
lyzed is three-dimensional, with the velocity and 
temperature fields decoupled, which guarantees the 
independence between both variables. The flow 
velocity at the model inlet is varied between 0.5 and 
5 m/s. The air temperature at the model inlet is 300 
K, and at the pipe wall, it is considered equal to 286 
K. The flow is considered incompressible. 

The geometry and channel region are meshed 
with hybrid tetrahedron (TGrid) elements in Gambit 
2.4.6 software. It has meshed in such a way that the 
density of elements was able to produce a 
mesh-independent solution, since the differ-
ence between the results of pressure drop and heat 
transfer coefficient does not exceed 1.6% between 
two successive mesh sizes. It does not have any 
element with skewness volumes, nor any element 
with negative or inverted volume since both would 
conspire against the convergence of the iterations. 
For the meshing, size functions were used on the 
more complex faces, as shown in Figure 3. 
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Figure 3. View of the mesh in the fin area where size functions 
were used. 

2.1 Numerical model validation 
In order to consider the results valid, the 

method used for their determination must be certi-
fied. The method used here in the certification con-
sists of constructing a computational model with 
dimensions and characteristics corresponding to one 
that had already been investigated and its results are 
available in the literature. The model studied by 

Han et al.[17] was selected and validated against ex-
perimental results obtained by Wang et al.[18,19] Han 
et al. state that the average deviations of the friction 
factor (f) and Colburn factor (j) between their nu-
merical model and their validation based on the ex-
periments of Wang et al. are 9.3% and 4.5%, re-
spectively. The authors’ experiments were based on 
a similar venetian fin geometry with elliptical 
tube but using the venetian blades with variable 
lengths around the edge of the tube. Another differ-
ence is that the air entering the wind tunnel has a 
temperature of 308 K and the wall temperature of 
the tubes is 353 K. This study has all the dimen-
sions different from the model studied in this work. 
The same types of flows, interpolations, boundary 
conditions and convergence criteria for energy and 
momentum are used. A coupling between velocity 
and pressure is also implemented using the SIM-
PLEC algorithm.

 
Figure 4. Validation of the global heat transfer coefficient of film and pressure drop. 

Figure 4 shows that for the values of Δp, 
the behavior is quite approximate, although the nu-
merical model slightly underestimates this parame-
ter. The behavior of the heat transfer coefficient is 
also approximated by the numerical model. The 
difference between the behaviors of these curves 
may be caused by the inaccuracy in the reproduc-
tion of the geometry shown in the work of Han et 
al., which does not provide the necessary details for 

the exact reproduction of the model nor the correct 
constructive form. This work overestimates the 
value of h for velocities above 1.5 m/s, while un-
derestimates the value of h for velocities below 1.5 
m/s when compared to those of Han et al.[17]. 

The average deviations between the results for 
the global heat transfer film coefficient and the 
pressure drop of the work of Han et al.[17], are of the 
order of 5.22% and 21.61%, respectively. Then, 
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despite the differences mentioned above, it can be 
noted that most of the values are within the uncer-
tainty region, which delimits the error bars in Fig-
ure 4. In correspondence with the above, we can 
affirm that the method used in the work to achieve 
the simulation is valid. It can then be established 
that the method used, the simplifications, as well as 
the boundary conditions established in this work are 
valid to achieve the proposed objectives. 

2.2 Data reduction 
The Reynolds number was determined using 

the velocity at the minimum channel section minu , 
while the characteristic length is the hydraulic di-
ameter of the channel Dh, equation 9: 

min hu DRe ρ
µ

=  

(9) 
The heat transferred at the exchange surface 

can be calculated with the change in air temperature 
between the inlet and outlet sections of the model 
(Tout − Tin), the mass flow ma, and the specific heat 
of the air cpa, according to equation 10: 

( )out in a paQ m c T T= −  

(10) 

When the fluid undergoes a phase change in-
side the tubes, it is common practice to consider a 
high value for the internal film heat transfer coeffi-
cient. Assuming this, the overall coefficient will be 
obtained by considering only the external heat 
transfer coefficient and the conduction inside the 
tube wall. The temperature of the internal wall of 
the tubes is considered constant and with the same 
value as that of the circulating coolant. The heat 
transferred can also be calculated through the 
well-known equation involving the logarithmic  
∆𝑇𝑇𝑙𝑙𝑙𝑙  (LMTD), knowing the transfer area Af, the 
overall transfer coefficient ℎ� , and the aforemen-
tioned temperature difference, equation 11: 

0h f lnQ hA F Tη= ∆  

(11) 

The LMTD correction factor, F, was consid-
ered to be zero because one of the fluids maintains 
its temperature constant. The global heat transfer 
coefficient is calculated considering the equality of 

the heat expressed by equations 10 and 11. 

hQ Q=  

The fin efficiency 0η  is involved and is itself 
a function of the heat transfer coefficient. The effi-
ciency is calculated as a function of the fin effi-
ciency η  and the total transfer area 0A , equation 
12: 

0
0

1 (1 )fA
A

η η= − −  

(12) 
The fin efficiency for a rectangular fin is de-

termined using the approximate method developed 
by Schmidt for circular fins. The fin efficiency is 
expressed according to equation 13: 
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( )

tanh t
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(13) 

The value of m is calculated with the thermal 
conductivity of the fin (kf) and its thickness (ft), 
equation 14. 

2

f t
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k f

=  

(14) 

On the other hand, the term φ is obtained with 
the equivalent tube radius divided by the tube radius. 
This parameter depends on the geometry of the heat 
exchanger according to (equation 15 and 16): 
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Where mX  is half of the transverse spacing 
and LX  is calculated according to equation 17: 
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The fin efficiency and the global heat transfer 
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coefficient have an implicit formulation, therefore 
an iterative process is needed. The equality of heats 
of equations 10 and 11 is the one that must be satis-
fied. For a fixed geometry, there is only one pair of 
values of these magnitudes, fin efficiency and glob-
al transfer coefficient, that meet this condition. 
Then the Colburn factor can be obtained from the 
Prandtl number and the friction factor according to 
equation 18: 

 

 

(18) 
Where 𝐴𝐴𝑚𝑚𝑚𝑚𝑐𝑐 is the minimum area of the pas-

sage section and 𝐴𝐴𝑐𝑐 is the heat transfer area. 

3. Results and discussion 
The following are the essential elements to 

discuss the results obtained. The values obtained for 
the relevant quantities h, Δp, j, f and Q will be dis-
cussed here. These are the indicators generally used 
to make comparisons between heat exchange sur-
faces and therefore define which are the best per-
forming surfaces. 

It is customary, as mentioned before, in the 
current literature to present the behavior of heat 
exchangers using dimensionless numbers and con-
sequently the values of the Colburn factor j and the 
Friction factor f as a function of the Reynolds num-
ber are shown in Figure 5 and Figure 6. The legend 
of the figure refers to the number of venetian blades 
on each side of the central venetian blade, which 
produces a change of direction in the angle of 
the blades. Therefore, a number 3 on the scale 
would mean a total of 6 additional venetian blinds 
to the central one. 

A probable explanation for this phenomenon is 
that when the number of venetian blades increases, 
so does the number of surfaces where new bounda-
ry layers develop (leading edges of the vene-
tian blades). When the number of venetian blades is 
lower, they bring the cold fluid flowing through the 
center of the channel closer to the fin surface. This 
is possible because the smaller the number of blades, 

the longer the blades are. 

 
Figure 5. Colburn factor as a function of Reynolds number for 
two rows of tubes. 

 
Figure 6. Friction factor as a function of Reynolds number for 
two rows of pipes. 

 
Figure 7. Heat transfer coefficient as a function of inlet velocity 
for two rows of tubes. 

Figure 8 shows that the most important heat 
transfer mechanism, when velocities are minimal, is 
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the development of the boundary layer at the front 
of the fin and the venetian blades, as it can be ob-
served how the venetian blades break the boundary 
layer of the fluid, which influences the increase of 
the heat exchanged. In addition, the region of low 

heat transfer coefficients associated with the dead 
zone of the tubes is clearly observed. The differ-
ences in heat exchanged in the venetian blind region 
are due to the incidence of the flow on the surfaces 
of the pipes.

 
Figure 8. Heat flux in (W/m2) over the top face of the fin surface for models with CL between 2 and 5 (from left to right). Velocity of 1.5 
m/s from bottom to top. 

  
Figure 9. Colored streamlines as a function of temperature in degrees Kelvin. For an inlet velocity of 1.5 m/s.

Figure 9 shows the streamlines generated at 
the inlet face of the channel for an extension of the 
symmetry condition of the model. The differences 
in the horseshoe vortices in the first and second 
tubes are clearly seen. In the second tube, these vor-
tices tend to contour the tube less, causing a larger 
recirculation region than that observed behind the 
tubes in the first row. It is also observed how the 

acceleration effect that the flow experiences when 
passing through the second row is manifested, de-
creasing the recirculation in the rear area of the 
tube. 

Also, Figure 10 shows the temperature pro-
files at the top of the fin. The main flow direction is 
from right to left. It can be observed that as the fluid 
has a higher velocity at the inlet of the model, the 
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average temperature of the fin is higher and there is 
less uniformity at the outlet of the fluid. As this 
surface is a heat exchanger where the air is at a 
higher temperature than the fin surface, there is a 
greater heat transfer, since the temperature differ-

ence between the fin surface and the fluid is greater. 
It is observed at the outlet of the fin that the tem-
perature is never constant over the entire surface, 
highlighting that the higher the velocity, the greater 
the temperature gradients.

  
Figure 10. Temperature [K] at the top face of the fin for three inlet velocities, 0.5, 3.0 and 5.0 m/s (from top to bottom).

3.1 Limitations of the work 
The results of the work are valid only for fins 

of similar geometry and in the vicinity of the di-
mensions of the one studied here, as long as the 
flow regime is laminar. 

4. Conclusions 
A computational model capable of reproducing 

the thermo-hydraulic behavior, shown in the litera-
ture consulted, of a heat exchange surface of vene-
tian fins and circular tubes was created. This surface 
was used as a vehicle for the certification of the 
method. 

Among the fundamental results, it was deter-
mined that for the model with two rows of tubes, 
the flow tends more and more to separate from the 
lateral face as the velocity increases, while in the 
first tube the behavior is the opposite, due to the 
presence of the second tube. 

The heat transfer coefficient was found to in-
crease when the number of venetian blades is lower, 
a result that is accentuated for lower Reynolds 
numbers. When higher velocities were studied, it 
was the models with the highest number of vene-

tian blades that presented the best ther-
mal-hydraulic behavior. 
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