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ABSTRACT 
The paper presents a numerical study of compact tube-fin heat exchangers with Venetian blades. The influence of 

the number of Venetian blades on the thermo-hydraulic characteristics of the exchanger is determined. A 3D numerical 
model was used in the laminar regime and for a Reynolds number variation, based on the hydraulic diameter between 
120 and 1,200. By varying the number of Venetian blinds upstream and downstream of the central Venetian blind, it is 
determined that, for smaller numbers of Reynolds fins with 2 Venetian blades, the highest heat transfer coefficient is 
obtained. On the other hand, by increasing the air velocity at the model inlet, better heat transfer results are obtained for 
geometries with a higher number of Venetian blades. 
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1. Introduction 
Venetian blades are a widespread configuration. Each Venetian al-

lows the initiation of a new boundary layer, while at the same time act-
ing as a flow disturbing element. These mechanisms enhance heat 
transfer and make it possible to reduce the size of the equipment, thus 
achieving greater compactness. Several studies have been carried out on 
this type of fin, and new configurations have been experimented with 
and modeled with the aim of perfecting this geometry[1,2]. 

Among the extended surfaces, the most commonly used are flat, 
Venetian, alternating, and corrugated fins and possible combinations of 
these. Vortex generators have been added to these geometries as heat 
transfer intensifiers. The behavior of the flows is a decisive aspect in 
heat transfer, so there are two methods that allow altering the heat 
transfer patterns, as stated by T’Joen et al.[3] These methods are defined 
as: the main flow alteration method and the introduction of secondary 
flows. It may be the case that both mechanisms are present. The differ-
ence is that in the first method; the main features are manipulated 
through geometric changes, while in the second method the local flow 
structure is modified. 

Venetian fin models are one of the most advanced intensified ex-
tended surfaces and are essentially formed by cutting the metal plate of 
the fin at intervals and rotating the metal strips from an angle that 
re-directs the flow[4].
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There are combinations of heat exchangers 
with Venetian fins and elliptical, flat, or circular 
tubes. Geometries with flat tubes have better fin 
efficiency than geometries with circular tubes[2]. 
Venetian fins generally result in high heat transfer 
values per unit area but generate large pressure 
drops. The reason why Venetian blades are a com-
plex technique to analyze is due to the fact that they 
have a number of different geometrical parameters. 
One of the parameters that distinguish Vene-
tian blinds is the angle of inclination of the Vene-
tian blinds (louvers), for this reason, many authors 
have been dedicated to investigating and establish-
ing the optimal ranges of these angles[1,2,5]. 

In heat exchangers with circular or elliptical 
tubes, longitudinal vortices are generated when the 
flow passes around the tube and these are called 
horseshoe vortices. The main characteristic of these 
is that they generate high heat transfer values in the 
front zone of the tubes and around the tubes[6,7]. 
However, the heat transfer behind the tube is poor 
due to the recirculation of the flow in the dead or 
rear zone of the tube. 

For low Reynolds numbers, the thickness of 
the boundary layer is such that the Venetian blades 
are embedded within it, thus forcing the fluid to 
change the channel through which it flows. As the 
Reynolds number increases, the flow that changes 
channel decreases, and the flow that maintains the 
main direction increases. This is due to the presence 
of a thinner boundary layer. 

Karthik et al.[8] conclude, from the study of a 
water-filled air heating system using Venetian fins 
with elliptical tubes, that increasing the air inlet ve-
locity produces a greater increase in the overall heat 
transfer coefficient than that obtained by increasing 
the mass flow rate of water through the tubes. 

Sanders[9] states that most of the studies related 
to this subject are carried out in two dimensions, 
thus ignoring the effects created on the surface of 
the tubes. This is because recent articles have con-
cluded that the analysis of three-dimensional flows 
close to the tube wall does not influence the per-
formance of the exchanger equipment. 

Some authors conclude that by using Vene-
tian blades with different degrees of inclination 

each, good results can be obtained for small Reyn-
olds values. The study consists of comparisons, 
varying the inter-fin pitch and the angle of inclina-
tion of the Venetian blades for a particular arrange-
ment where the Reynolds number takes values be-
tween 100 and 1,000 approximately[1,7,8]. A very 
interesting fact is that for small values of the in-
ter-fin pitch and large values of the tilt angle, large 
and strong airflow deviations are achieved. 

The Schmidt correlation represents a good an-
alytical model to find the efficiency of flat fins and 
circular tubes. This method offers an equation for 
the efficiency based on geometrical parameters and 
materials, used in experimental studies when it is 
impossible to obtain the temperatures at the fin 
wall[10], although this method is valid only when 
radial heat conduction exists in one dimension. 

According to Ameel et al.[11], the black box 
the black box behavior of heat exchangers is com-
monly analyzed by the Logarithmic Mean Temper-
ature Difference (LMTD) method or by the NTU 
(Number of Transfer Units) method. 

There is research showing that Venetian blinds 
redirect the airflow in the direction parallel to their 
own planes[12,13], where visualization of the flow in 
scaled models is used to reach this conclusion. 

Achaichia and Cowell[14] conclude in an inves-
tigation that undesired inter-fin flows are caused 
when the inter-veneer pitch is combined with large 
inter-veneer spacings and small veneer angles. The 
above criterion is also supported by Tu et al.[15] who 
state that better results are obtained using geome-
tries with small inter-blade pitches (1.6 mm) and 
small blade angles of 26°. 

Kang et al.[16] conclude that the use of Vene-
tian blind arrays and multiple circular tubes pro-
duces 10%–15% higher heat transfer performance 
than using flat tubes for the same volumetric flows 
and velocities. 

Although the literature review shows the ex-
istence of multiple studies on this type of fins, there 
is little information on the influence of the number 
of Venetian blades on the thermo-hydraulic charac-
teristics of these heat exchangers. Precisely, this 
work determines the influence of the number of 
Venetian blades on the heat transferred and the 



 

81 

pressure drop in a Reynolds range between 120 and 
1,200. 

2. Materials and method 
Figure 1 shows a front view of a Vene-

tian blind, presenting, among other things, the angle 
of inclination of the Venetian blinds and the height 

of the blinds. The figure corresponds to having fins 
equal to 2 blinds on either side of the central blind, 
commonly referred to as redirected blinds. 

Table 1 below shows the dimensions of the 
one and two-row Venetian finned tube models to be 
studied.

  
Figure 1. Front view of a venetian blind with a row of tubes.

Table 1. Dimensions of the venetian fin models for one and two rows of circular tubes 
Description Nomenclature 1 row 2 rows 
Pitch between fins [mm]  FP 1.5 
Fin length [mm] L 17 34 
Transversal fin spacing [mm]  St 22 
Angle of inclination of venetian blind [°] a 27 
Blade thickness [mm]  tf 0.1 
Width of venetian blind area [mm] AL 9 
Tube radius [mm] R 4.5 
Distance from flap outlet to channel outlet [mm]  y 60 
Distance from channel inlet to flap inlet [mm]  x 7.5 
Total channel length [mm]  LC 84 101 
Number of venetian blinds with respect to redirection CL 2 3 4 5 
Venetian blind pitch [mm]  LP 1.56 1.15 0.91 0.75 
Venetian blind height [mm] Lh 0.8 0.62 0.43 0.35 
Fin Material Aluminum 

 

The equations that govern the study of a phe-
nomenon in which the motion of a fluid and its heat 
exchange with the surfaces it contacts are of interest 
are the continuity equation, the equations of quan-
tity of motion in each of the axes and the energy 
equation. These equations in the computational do-
main, for incompressible flow, with constant prop-
erties and in steady state without viscous dissipation 
and in laminar regime, can be expressed in the same 
order in which they are mentioned, as follows 
(equations 1, 2 and 3): 
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(3) 
The solution of equations 1, 2 and 3 is 

achieved for a computational domain shown in 
Figure 2. The domain, as can be seen, has been ex-
tended in the inlet and outlet region of the model. It 
was extended 7 times the fin spacing in the inlet 
direction and 7 times the minor diameter of the tube 
in the outlet direction. The need to have a uniform 
and one-dimensional velocity profile at the inlet of 
the model, as well as to avoid the existence of re-
verse flow in the outlet section is the reason for 
these extensions. 
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Figure 2. Representation of channel and fin boundary conditions. 

The interpolation used for the energy was of 
the second order upwind type since this is more ef-
fective when there is no mesh totally normal to the 
flow. In the pressure-velocity coupling, the simple 
method and a first-order upwind scheme were used 
in the momentum equations and the standard model 
in the pressure. The fin in the central region of the 
domain is taken as a solid, while the channels above 
and below are considered to be fluid regions. 
Two boundary conditions that are needed are the 
temperature in the tube and the fluid inlet parame-
ters to the channel. The temperature of the tubes 
will be considered equal to that of the cooling fluid 
circulating inside them, so the value of the heat 
transfer coefficient on the inside of the tube is dis-
regarded given its high value when compared to 
that which must exist on the outside of the tube. 
The inlet velocity is data that can vary because the 
study of different Reynolds numbers requires the 
change of the velocity at the inlet. The gen-
eral boundary conditions by region are summa-
rized below: 

At model input, equation 4: 
𝑣𝑣 = 𝑤𝑤 = 0      𝑢𝑢 = 𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐.        𝑇𝑇 = 𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐. 

(4) 

In the upper and lower part of the domain, pe-
riodicity conditions were considered. On the fin 
surface, in addition to the existence of conjugate 
heat transfer, there is a no-slip condition, equation 
5: 

𝑢𝑢 = 𝑣𝑣 = 𝑤𝑤 = 0 
 (5) 

On the surface of the tube we will have, equa-
tion 6: 

 

𝑢𝑢 = 𝑣𝑣 = 𝑤𝑤 = 0      𝑇𝑇 = 𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐. 
 (6) 
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(7) 
At the model output, equation 8: 

0u v w T
x x x x
∂ ∂ ∂ ∂

= = = =
∂ ∂ ∂ ∂

 

(8) 
The model works under a laminar flow regime 

with low air velocities in the channel, in anticipa-
tion of the existence of annoying kinetic noises. It is 
also modeled in steady state. The flow to be ana-
lyzed is three-dimensional, with the velocity and 
temperature fields decoupled, which guarantees the 
independence between both variables. The flow 
velocity at the model inlet is varied between 0.5 and 
5 m/s. The air temperature at the model inlet is 300 
K, and at the pipe wall, it is considered equal to 286 
K. The flow is considered incompressible. 

The geometry and channel region are meshed 
with hybrid tetrahedron (TGrid) elements in Gambit 
2.4.6 software. It has meshed in such a way that the 
density of elements was able to produce a 
mesh-independent solution, since the differ-
ence between the results of pressure drop and heat 
transfer coefficient does not exceed 1.6% between 
two successive mesh sizes. It does not have any 
element with skewness volumes, nor any element 
with negative or inverted volume since both would 
conspire against the convergence of the iterations. 
For the meshing, size functions were used on the 
more complex faces, as shown in Figure 3. 
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Figure 3. View of the mesh in the fin area where size functions 
were used. 

2.1 Numerical model validation 
In order to consider the results valid, the 

method used for their determination must be certi-
fied. The method used here in the certification con-
sists of constructing a computational model with 
dimensions and characteristics corresponding to one 
that had already been investigated and its results are 
available in the literature. The model studied by 

Han et al.[17] was selected and validated against ex-
perimental results obtained by Wang et al.[18,19] Han 
et al. state that the average deviations of the friction 
factor (f) and Colburn factor (j) between their nu-
merical model and their validation based on the ex-
periments of Wang et al. are 9.3% and 4.5%, re-
spectively. The authors’ experiments were based on 
a similar venetian fin geometry with elliptical 
tube but using the venetian blades with variable 
lengths around the edge of the tube. Another differ-
ence is that the air entering the wind tunnel has a 
temperature of 308 K and the wall temperature of 
the tubes is 353 K. This study has all the dimen-
sions different from the model studied in this work. 
The same types of flows, interpolations, boundary 
conditions and convergence criteria for energy and 
momentum are used. A coupling between velocity 
and pressure is also implemented using the SIM-
PLEC algorithm.

 
Figure 4. Validation of the global heat transfer coefficient of film and pressure drop. 

Figure 4 shows that for the values of Δp, 
the behavior is quite approximate, although the nu-
merical model slightly underestimates this parame-
ter. The behavior of the heat transfer coefficient is 
also approximated by the numerical model. The 
difference between the behaviors of these curves 
may be caused by the inaccuracy in the reproduc-
tion of the geometry shown in the work of Han et 
al., which does not provide the necessary details for 

the exact reproduction of the model nor the correct 
constructive form. This work overestimates the 
value of h for velocities above 1.5 m/s, while un-
derestimates the value of h for velocities below 1.5 
m/s when compared to those of Han et al.[17]. 

The average deviations between the results for 
the global heat transfer film coefficient and the 
pressure drop of the work of Han et al.[17], are of the 
order of 5.22% and 21.61%, respectively. Then, 
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despite the differences mentioned above, it can be 
noted that most of the values are within the uncer-
tainty region, which delimits the error bars in Fig-
ure 4. In correspondence with the above, we can 
affirm that the method used in the work to achieve 
the simulation is valid. It can then be established 
that the method used, the simplifications, as well as 
the boundary conditions established in this work are 
valid to achieve the proposed objectives. 

2.2 Data reduction 
The Reynolds number was determined using 

the velocity at the minimum channel section minu , 
while the characteristic length is the hydraulic di-
ameter of the channel Dh, equation 9: 

min hu DRe ρ
µ

=  

(9) 
The heat transferred at the exchange surface 

can be calculated with the change in air temperature 
between the inlet and outlet sections of the model 
(Tout − Tin), the mass flow ma, and the specific heat 
of the air cpa, according to equation 10: 

( )out in a paQ m c T T= −  

(10) 

When the fluid undergoes a phase change in-
side the tubes, it is common practice to consider a 
high value for the internal film heat transfer coeffi-
cient. Assuming this, the overall coefficient will be 
obtained by considering only the external heat 
transfer coefficient and the conduction inside the 
tube wall. The temperature of the internal wall of 
the tubes is considered constant and with the same 
value as that of the circulating coolant. The heat 
transferred can also be calculated through the 
well-known equation involving the logarithmic  
∆𝑇𝑇𝑙𝑙𝑙𝑙  (LMTD), knowing the transfer area Af, the 
overall transfer coefficient ℎ� , and the aforemen-
tioned temperature difference, equation 11: 

0h f lnQ hA F Tη= ∆  

(11) 

The LMTD correction factor, F, was consid-
ered to be zero because one of the fluids maintains 
its temperature constant. The global heat transfer 
coefficient is calculated considering the equality of 

the heat expressed by equations 10 and 11. 

hQ Q=  

The fin efficiency 0η  is involved and is itself 
a function of the heat transfer coefficient. The effi-
ciency is calculated as a function of the fin effi-
ciency η  and the total transfer area 0A , equation 
12: 

0
0

1 (1 )fA
A

η η= − −  

(12) 
The fin efficiency for a rectangular fin is de-

termined using the approximate method developed 
by Schmidt for circular fins. The fin efficiency is 
expressed according to equation 13: 
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( )

tanh t
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η
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(13) 

The value of m is calculated with the thermal 
conductivity of the fin (kf) and its thickness (ft), 
equation 14. 

2

f t

hm
k f

=  

(14) 

On the other hand, the term φ is obtained with 
the equivalent tube radius divided by the tube radius. 
This parameter depends on the geometry of the heat 
exchanger according to (equation 15 and 16): 
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Where mX  is half of the transverse spacing 
and LX  is calculated according to equation 17: 
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(177) 
The fin efficiency and the global heat transfer 
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coefficient have an implicit formulation, therefore 
an iterative process is needed. The equality of heats 
of equations 10 and 11 is the one that must be satis-
fied. For a fixed geometry, there is only one pair of 
values of these magnitudes, fin efficiency and glob-
al transfer coefficient, that meet this condition. 
Then the Colburn factor can be obtained from the 
Prandtl number and the friction factor according to 
equation 18: 

 

 

(18) 
Where 𝐴𝐴𝑚𝑚𝑚𝑚𝑐𝑐 is the minimum area of the pas-

sage section and 𝐴𝐴𝑐𝑐 is the heat transfer area. 

3. Results and discussion 
The following are the essential elements to 

discuss the results obtained. The values obtained for 
the relevant quantities h, Δp, j, f and Q will be dis-
cussed here. These are the indicators generally used 
to make comparisons between heat exchange sur-
faces and therefore define which are the best per-
forming surfaces. 

It is customary, as mentioned before, in the 
current literature to present the behavior of heat 
exchangers using dimensionless numbers and con-
sequently the values of the Colburn factor j and the 
Friction factor f as a function of the Reynolds num-
ber are shown in Figure 5 and Figure 6. The legend 
of the figure refers to the number of venetian blades 
on each side of the central venetian blade, which 
produces a change of direction in the angle of 
the blades. Therefore, a number 3 on the scale 
would mean a total of 6 additional venetian blinds 
to the central one. 

A probable explanation for this phenomenon is 
that when the number of venetian blades increases, 
so does the number of surfaces where new bounda-
ry layers develop (leading edges of the vene-
tian blades). When the number of venetian blades is 
lower, they bring the cold fluid flowing through the 
center of the channel closer to the fin surface. This 
is possible because the smaller the number of blades, 

the longer the blades are. 

 
Figure 5. Colburn factor as a function of Reynolds number for 
two rows of tubes. 

 
Figure 6. Friction factor as a function of Reynolds number for 
two rows of pipes. 

 
Figure 7. Heat transfer coefficient as a function of inlet velocity 
for two rows of tubes. 

Figure 8 shows that the most important heat 
transfer mechanism, when velocities are minimal, is 
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the development of the boundary layer at the front 
of the fin and the venetian blades, as it can be ob-
served how the venetian blades break the boundary 
layer of the fluid, which influences the increase of 
the heat exchanged. In addition, the region of low 

heat transfer coefficients associated with the dead 
zone of the tubes is clearly observed. The differ-
ences in heat exchanged in the venetian blind region 
are due to the incidence of the flow on the surfaces 
of the pipes.

 
Figure 8. Heat flux in (W/m2) over the top face of the fin surface for models with CL between 2 and 5 (from left to right). Velocity of 1.5 
m/s from bottom to top. 

  
Figure 9. Colored streamlines as a function of temperature in degrees Kelvin. For an inlet velocity of 1.5 m/s.

Figure 9 shows the streamlines generated at 
the inlet face of the channel for an extension of the 
symmetry condition of the model. The differences 
in the horseshoe vortices in the first and second 
tubes are clearly seen. In the second tube, these vor-
tices tend to contour the tube less, causing a larger 
recirculation region than that observed behind the 
tubes in the first row. It is also observed how the 

acceleration effect that the flow experiences when 
passing through the second row is manifested, de-
creasing the recirculation in the rear area of the 
tube. 

Also, Figure 10 shows the temperature pro-
files at the top of the fin. The main flow direction is 
from right to left. It can be observed that as the fluid 
has a higher velocity at the inlet of the model, the 



 

87 

average temperature of the fin is higher and there is 
less uniformity at the outlet of the fluid. As this 
surface is a heat exchanger where the air is at a 
higher temperature than the fin surface, there is a 
greater heat transfer, since the temperature differ-

ence between the fin surface and the fluid is greater. 
It is observed at the outlet of the fin that the tem-
perature is never constant over the entire surface, 
highlighting that the higher the velocity, the greater 
the temperature gradients.

  
Figure 10. Temperature [K] at the top face of the fin for three inlet velocities, 0.5, 3.0 and 5.0 m/s (from top to bottom).

3.1 Limitations of the work 
The results of the work are valid only for fins 

of similar geometry and in the vicinity of the di-
mensions of the one studied here, as long as the 
flow regime is laminar. 

4. Conclusions 
A computational model capable of reproducing 

the thermo-hydraulic behavior, shown in the litera-
ture consulted, of a heat exchange surface of vene-
tian fins and circular tubes was created. This surface 
was used as a vehicle for the certification of the 
method. 

Among the fundamental results, it was deter-
mined that for the model with two rows of tubes, 
the flow tends more and more to separate from the 
lateral face as the velocity increases, while in the 
first tube the behavior is the opposite, due to the 
presence of the second tube. 

The heat transfer coefficient was found to in-
crease when the number of venetian blades is lower, 
a result that is accentuated for lower Reynolds 
numbers. When higher velocities were studied, it 
was the models with the highest number of vene-

tian blades that presented the best ther-
mal-hydraulic behavior. 
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